
Applied Thermal Engineering 246 (2024) 122940

Available online 13 March 2024
1359-4311/© 2024 The Author(s). Published by Elsevier Ltd. This is an open access article under the CC BY license (http://creativecommons.org/licenses/by/4.0/).

Research Paper 

Variable valve actuation for efficient exhaust thermal management in an 
off-road diesel engine 

Jeyoung Kim a,*, Marko Vallinmaki b, Tino Tuominen c, Maciej Mikulski a 

a University of Vaasa, School of Technology and Innovations, Efficient Powertrain Solutions (EPS) research group, Wolffintie 32, FI-65200 Vaasa, Finland 
b AGCO Power, Linnavuorentie 8-10, FI-37240 Linnavuori, Finland 
c VTT Technical Research Centre of Finland, PL 1000, 02044, Espoo, Finland   

A R T I C L E  I N F O   

Keywords: 
VVA 
After-treatment thermal management 
Predictive combustion model 
Diesel combustion 
Emissions 
Off-road diesel engines 

A B S T R A C T   

Exhaust thermal management (ETM) is crucial for effective emission mitigation in integrated exhaust after
treatment systems of modern off-road diesel powertrains. However, conventional ETM strategies incur a sig
nificant fuel efficiency penalty. This study addresses the issue by investigating the application of variable valve 
actuation (VVA) for efficient ETM. For the first time, this investigation is conducted on a representative state-of- 
the-art off-road powertrain platform. It explores four VVA strategies with unprecedent level of rigour, employing 
a model-based approach that enables extended insights beyond stand-alone testing. Experiments with an EU 
Stage-V off-road diesel engine provide the baseline for validating a one-dimensional model in GT-Suite. A 
meticulously calibrated, predictive combustion model enables precise cross-evaluation of how VVA strategies 
affect exhaust gas temperature (EGT), efficiency, engine-out emissions and combustion characteristics, consid
ering all trade-offs. VVA simulations are performed at three low-load operating points, where engine operation 
borders catalyst light-off temperature (LOT). The findings impartially confirm that cylinder deactivation (CDA) 
and intake modulation are the most promising VVA strategies for off-road engines, with EGT increments sur
passing +250 ◦C and +150 ◦C respectively, accompanied by minor fuel penalties (up to +3.5 %). CDA 
demonstrated fuel savings of up to − 2.5 % at certain points, due to reduced pumping and friction losses. Intake 
modulation displayed large reduction in engine-out NOx (>90 %) and minimal penalties in carbon emissions 
(HC, CO, and soot). The results underscore VVÁs potential as an efficient ETM option to help the next generation 
of off-road diesels to comply with upcoming EPA Tier 5 emission legislation.   

1. Introduction 

Compression ignition (CI) will remain dominant for heavy-duty (HD) 
off-road applications for the foreseeable future. High energy density of 
the fuel, combined with good thermal efficiency and robustness, support 
this status quo [1]. Although the on-road sector has made rapid progress 
towards electrification, the low power density of Li-ion batteries means 
this roadmap is not fully feasible for the off-road sector [2]. Hybrid
isation offers additional advantages through a variety of energy- and 
thermal-management strategies. Furthermore, low-carbon renewable 
fuels provide an immediate route towards decarbonisation in energy- 
demanding applications. Therefore, it is important to implement effec
tive exhaust aftertreatment systems (EATS) and exhaust thermal man
agement (ETM) to achieve net-zero emissions in CI engines. 

Despite their merits, CI engines are notorious for their emissions of 

harmful air pollutants, particularly nitrogen oxides (NOx) and particu
late matter (PM) due to the presence of both locally fuel-rich zone and 
high flame temperature [1,3]. High-pressure multiple injection [4,5] 
and exhaust gas recirculation (EGR) [6] were developed to address these 
issues. However, relying solely on in-cylinder emission control strategies 
proves inadequate for simultaneously reducing both emissions due to 
the inherent trade-off between NOx and PM in conventional CI engines. 
Consequently, the adoption of EATS has become necessary to ensure 
compliance with the increasingly stringent emission regulations in off- 
road applications, such as EU Stage-V or US EPA Tier 4 final limits. 

Contemporary EATS is heavily integrated, as illustrated in Fig. 1. A 
diesel oxidation catalyst (DOC) reduces hydrocarbon (HC), carbon 
monoxide (CO), and soluble organic fraction through catalytic reactions 
with oxygen [7,8]. Subsequently, a diesel particulate filter (DPF) cap
tures PM via filtration. Additionally, selective catalytic reduction (SCR) 
technology addresses NOx through reaction with urea. The urea is 
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decomposed into NH3, through hydrolysis and thermolysis, where NH3 
serves as a reductant in the SCR [9]. Higher urea concentration in the 
catalyst results in greater NOx reduction, yet it is crucial to recognize 
that not all ammonia (NH3) is absorbed by the catalyst surface, with 
excess being released into the exhaust stream [9,10]. Consequently, 
precise control of urea injection is imperative [9]. Alternatively, an 
ammonia oxidation catalyst (AOC) may be incorporated to manage 
ammonia slips from the SCR. Although modern diesel engines primarily 
emit NOx in the form of NO [11], this is converted to NO2 in the DOC and 
SCR [11]. The conversion of NO to NO2 impacts both DPF passive 
regeneration [12] and NOx reduction in the SCR [8]. Nevertheless, the 
adoption of EATS introduces inherent challenges, including higher 
vehicle costs for consumers, increased backpressure in the exhaust sys
tem, additional maintenance requirements and the periodic need to 
replenish the urea reservoir [13]. 

Regulation can influence the configuration of integrated EATS. For 
example, EPA Tier 4 final regulations in North America do not restrict 
the number of particulate matters (PN-particle number), so DPFs are less 
common [14]. Instead, the EPA regulation focus on enhancing the 
effectiveness of DOCs to address emissions concerns [14]. Conversely, 
DPFs are becoming widespread in Europe to comply with new restriction 
of particle number (PN) in EU Stage-V regulations. 

Contemporary EATS demonstrate excellent performance. López et al. 
[15] tested a state-of-the-art, vanadium-based SCR catalyst on a 

US2007, 8.9-litre diesel engine and achieved NOx conversion efficiency 
of up to 92 % during non-road transient cycle (NRTC) tests. Higher 
conversion efficiency is achievable with dual-dosing, double SCR sys
tems [16,17] or by adopting a pre-turbine layout [18,19]. The modern 
DOC can remove up to 90 % of unburned HC and as much as 99 % of CO 
at high exhaust gas temperature (EGT) [20]. Hu et al. [21] implemented 
DOC, catalytic DPF and SCR for a non-road diesel engine, demonstrating 
an average reduction of more than 90 % in emissions of CO, HC, NOx, 
PN, and PM in non-road steady cycle test. However, it was reported that 
the performance of EATS diminishes notably when EGT is relatively low. 

Feng et al. [22] further examined the effect of exhaust gas thermal 
conditions on emissions in a non-road diesel engine by analysing 
experimental results of hot and cold NRTC tests. EATS consisted of DOC, 
partial oxidation catalyst, SCR, and AOC. Low EGT in the cold cycle 
attributed to lower conversion efficiency. Specifically, PM conversion 
efficiency decreased by 31 % compared to the hot cycle, exceeding 
China-IV PM standards. Notably, it took approximately 400 ~ 500 s for 
the SCR catalyst temperature to attain 200 ◦C in the NRTC cold mode 
[14]. This time constitutes one-third of the entire mode duration, so it 
exerted a substantial influence on NOx emissions. Consequently, NOx, 
HC, CO, and CO2 exhibited markedly lower conversion efficiencies 
during the early stage (0–600 s) of the cold NRTC mode. 

EGT is one of crucial factors, along with exhaust mass flow rate and 
exhaust gas composition, to influence the performance of DOC and SCR 

Nomenclature 

Abbreviations 
1D one-dimensional 
2EVO secondary exhaust valve opening 
2IVO secondary intake valve opening 
AFR air–fuel ratio 
AOC ammonia oxidation catalyst 
AVG average values 
BDC bottom dead centre 
BMEP brake mean effective pressure 
BSFC brake specific fuel consumption 
BSNOx brake specific nitrogen oxides (g/kWh) 
CAC charge-air cooler 
CAD crank angle degree 
CCO cylinder cut-out 
CDA cylinder deactivation 
CHR cumulative heat release 
CI compression ignition 
CO carbon monoxide 
DOC diesel oxidation catalyst 
DPF diesel particulate filter 
EATS exhaust aftertreatment systems 
ECU engine control unit 
EEVO early exhaust valve opening 
EGR exhaust gas recirculation 
EGT exhaust gas temperature 
EIVC early intake valve closing 
ETM exhaust thermal management 

EVC exhaust valve closing 
EVO exhaust valve opening 
FS full scale 
HC hydrocarbon 
HD heavy-duty 
HRR heat release rate 
IAF intake air mass flow 
IMEP indicated mean effective pressure 
IMEPg gross indicated mean effective pressure 
IMEPn net indicated mean effective pressure 
IVC intake valve closing 
IVO intake valve opening 
LEVO late exhaust valve opening 
LIVC late intake valve closing 
LOT light-off temperature 
MFB mass fraction burned 
NOx nitrogen oxides 
NRTC non-road transient cycle 
NVO negative valve overlap 
OP operating point 
PM particulate matter 
PMEP pumping mean effective pressure 
PN particle number 
RGF residual gas fraction 
SCR selective catalytic reduction 
SOI start of injection 
TDC top dead centre 
VGT variable geometry turbine 
VVA variable valve actuation  

Fig. 1. Modern integrated exhaust aftertreatment system for diesel engines.  
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[8,22]. High EGT accelerates catalytic reactions, providing high EATS 
conversion efficiency. High EGT also is beneficial for DPF regeneration 
[23]. Conversely, low EGT slows catalytic reactions, resulting in poor 
performance of the DOC and SCR system. The light-off temperature 
(LOT) - the temperature at which conversion efficiency reaches 50 % - is 
normally used to indicate the effectiveness of the catalyst. 

The LOT varies over each application by catalyst metal composition, 
space velocity, exhaust gas composition and design of the aftertreatment 
brick [20]. Guardiola et al. [8] noted that various emission species 
exhibit distinct LOTs, with HC and CO having LOTs of 190 ◦C and 
150 ◦C, respectively. Furthermore, DOC ageing increased the LOT of HC 
and CO to 250 ◦C and 205 ◦C respectively, but catalytic monolith length 
of the DOC showed no significant effect on LOT. Guardiola et al. [24] 
and Tharad [25] reported that the LOT of the modern DOC is 200 ◦C. 
According to Villamaina et al. [26] and Ma et al. [27], the LOT of an SCR 
system is 170 ◦C – 270 ◦C with different catalyst compositions. Addi
tionally, the SCR system requires a temperature above 200 ◦C to 
decompose urea and thus avoid solid deposits [28]. Despite some vari
ations in these temperature ranges, Vos et al. [29] and Ko et al. [11] 
claimed that EATS necessitates catalyst temperatures exceeding 250 ◦C 
to 300 ◦C for effective emission mitigation. 

Reaching this threshold can be challenging in real world operation, 
particularly during the cold-start, warm-up phase and when idling. EGT 
can be as low as 100 ◦C when an engine is idling [30,31]. Lauren et al. 
[32] and Magee [33] consistently reported that EGT remains below 
250 ◦C when engine load is lower than 30 % in contemporary off-road 
and on-road diesel engines. Various ETM techniques can be used to 
satisfy the increasing demand for high EGT over a wider range of 
operating conditions. To this end, most production engines already 
incorporate either intake or exhaust throttling. These slow-response, 
airpath-based ETM measures can be combined with fast in-cylinder 
thermal management via late post injection. 

Bai et al. [30] demonstrated an EGT greater than 200 ◦C at low load 
(3 % load) using intake throttling in a 7-litre, HD diesel engine. Lauren 
et al. [32] evaluated intake and exhaust throttling in off-road diesel 
engines, raising EGT by more than 200 ◦C. Both studies observed that 
excessive throttling could raise EGT, but that this approach leads to poor 
gas exchange process since the airpath is highly restricted. The two 
studies reported high penalties of break specific fuel consumption 
(BSFC), of up to 14.3 % and 20 % respectively. Wu et al. [34] employed a 
late post injection strategy on a six-cylinder, HD diesel engine, showing 
that EGT was increased by delaying post injection timing and increasing 
post injection quantity. In the end, EGT was increased by about 60 ◦C, 
but accompanied by a 3.4 % reduction in the brake thermal efficiency. 
Gosala et al. [1] implemented exhaust throttling in a HD diesel engine 
via an over-closed variable geometry turbine (VGT) vane, coupled with 
late post injection. Fuel efficiency deteriorated by up to 58 % at idling 
condition, while EGT increased by around +115 ◦C. 

It is evident from the above reviews that there is a trade-off between 
EGT increment and fuel efficiency. Traditional ETM strategies demon
strate a significant fuel penalty that is deemed unacceptable in an off- 
road sector which values high fuel efficiency. Variable valve actuation 
(VVA) offers a more promising solution by mimicking the throttling 
effect of ETM while mitigating the trade-off with efficiency. 

Conventionally, VVA has been widely implemented in spark-ignition 
engines to improve volumetric efficiency and engine performance over a 
wide operating envelope. However, VVA is subjected to more rigorous 
mechanical constraints in diesel engines. Their high compression ratio 
means the clearance between piston and cylinder head at the top dead 
centre (TDC) is relatively small. This prohibits deep valve pockets on the 
piston surface and allows only a small margin for advancing intake valve 
opening (IVO) and retarding exhaust valve opening (EVO) [35,36]. 
Consequently, production diesel engines have shown only limited VVA 
applications, such as Miller timing, addressed through a mechanical 
cam-based partial or two-step VVA system. 

However, an advanced, fully flexible, cam-less VVA system could 

provide more control beyond mechanical limitations. For example, it 
could control all valves independently at each cylinder. This would 
enable sophisticated VVA strategies such as asymmetric valve opening 
or cylinder deactivation (CDA), as well as more precise cycle-to-cycle or 
cylinder-to-cylinder control [37]. This could improve gas exchange, 
combustion stability, emissions and thermal management. Nevertheless, 
cam-less valvetrains face challenges, including precise and robust con
trol, potentially increased parasitic losses and complexity of VVA cali
bration [38]. Multiple engine performance benefits need to be proven 
before moving this technology from proof of concept to the production 
stage. 

Table 1 collates the most relevant, up-to-date research involving 
VVA for HD diesel engine ETM. The discussion includes only a very brief 
account of the individual contributions, but a more detailed analysis of 
the subject can be found in a review article by Kim et al. [39]. Table 1 
shows that various studies have demonstrated that VVA is capable of 
increasing EGT in HD diesel engines. Intake valve modulation, such as 
early intake valve closing (EIVC) and late intake valve closing (LIVC) is 
by far the most researched technique. It is relatively easy to implement 
by a mechanical, cam-driven partial VVA system, and has been realised 
as Miller timing for effective in-cylinder NOx reduction. Gehrke et al. 
[40] investigated advanced and retarded IVC timing. These raised EGT 
by up to +58 ◦C and +116 ◦C respectively, with minor BSFC deterio
ration (<2.6 %). Guan et al. [41] applied LIVC and raised EGT increment 
by up to +52 ◦C, with a BSFC penalty of +5.3 %. Ojeda [42] demon
strated EIVC and elevated EGT by up to +90 ◦C, while also improving 
fuel efficiency by 4.5 %. 

Table 1 reveals large variations in fuel penalty and EGT increment 
between individual studies, even in the same VVA category. For 
instance, Gehrke et al. [40] and Guan et al. [41] reported a negative 
impact on BSFC, while Ojeda [42] observed a positive impact on fuel 
efficiency in EIVC and LIVC. Vos et al. [29] indicated minor fuel benefit 
(− 1.5 %) in CDA, but Magee [33] reported a BSFC improvement of up to 
− 10 %, with similar EGT increment. Zhang et al. [43] observed better 
BSFC by − 1.2 % in secondary intake valve opening (2IVO), while 
Wickström [44] reported a BSFC penalty of up to +9 %. Apart from EGT 
and BSFC penalty, the majority of the studies included analysis on how 
VVA strategies affected emissions. Once again, similar VVA strategies 
produced inconsistent emission trends. In LIVC, Gehrke et al. [40] 
indicated PM up by 234 % and constant NOx, while Guan et al. [41] 
reported NOx decreased by 13.5 % and PM down by 81 %. In secondary 
exhaust valve opening (2EVO), Joshi et al. [45] achieved NOx reduction 
of 80 %, while Zhang et al. [43] reported a constant NOx level. 

The above discussion highlights the conflicting results between 
works covering similar VVA strategies on different operating platforms 
and at different operating points. The effectiveness of each VVA strategy 
is strongly influenced by the engine-specific valve profiles, injection 
parameters, emission control strategy, calibration, etc. Backpressure 
level in the exhaust can vary between positive and negative, which will 
impose opposite effects on in-cylinder backflows. This huge span of 
cross-dependencies makes it impossible to use these results to assess 
whether VVA is a suitable next development step for off-road engines. 

Furthermore, most of the relevant works that provide reliable 
experimental results on VVA effects are technical papers, and so provide 
limited insight into the mechanisms underpinning the demonstrated 
performance/emission results. Most of the VVA strategies considered in 
Table 1, aside from their direct impact on ETM and pumping work, 
involve a feedback loop to combustion and emission formation, through 
changes to in-cylinder trapped mass/ratio of residuals. Sole multi- 
cylinder engine experiments are not enough to thoroughly character
ise the phenomena related to VVA-ETM, implying the significance of 
predictive models as supporting tools. 

The present study aims to address the above knowledge gaps by 
utilizing a cutting-edge, EU Stage-V compliant off-road diesel engine as 
the baseline for a comprehensive simulation of all available VVA stra
tegies. A well-validated predictive combustion model enables accurate 
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transducer. 
The engine was directly coupled with a 570 kW eddy current dyna

mometer (Froude AC570F) via a driveshaft with a slight horizontal 
offset angle. At the engine side, the driveshaft is mounted to a rubber 
damper to dampen the torsional vibrations. Coolant and oil tempera
tures were controlled by the engine’s own thermostats, and so may have 
varied to some extent, depending on engine load and speed. The dyna
mometer was controlled by its own automation system, based on a 
programmable logic controller and in-house software. The automation 
system governed all thermal parameters and acquired all the low- 
frequency signals. 

The engine was run for a pre-defined time at each operating point 
before taking a measurement, ensuring that the engine was thermally 
stabilised. All the measurements were taken during the last 60 s of a 500- 

second measurement stage. All the low-frequency data collection was 
performed with an in-house data acquisition system, consisting of 
modules from National Instruments. The high-frequency in-cylinder 
pressure trace was recorded for 100 consecutive engine cycles with an 
AVL IndiModul 622. The measured in-cylinder pressure data were post- 
processed using AVL Concerto to analyse combustion characteristics and 
compute general performance. A digital low-pass filter was applied to 
filter out combustion-induced high-frequency noise in the measured raw 
pressure signals. The clean pressure signals were used to compute gross 
and net indicated mean effective pressure (IMEP), and also the pumping 
mean effective pressure (PMEP), based on following equations, Eqs. (1)– 
(3). 

IMEPg =
1
Vs

∮

pdv =
Area of high pressure loop

Vs
(1)  

IMEPn =
1
Vs

∮

pdv

=
(Area of high pressure loop) − (Area of pumping loop)

Vs

= IMEPg − PMEP (2)  

PMEP =
1
Vs

∮

pdv =
Area of low pressure loop

Vs
= IMEPg − IMEPn (3)  

where, p is instantaneous in-cylinder pressure, v is instantaneous in- 
cylinder volume, Vs is swept volume of a cylinder. 

For combustion analysis, the gross heat release rate (HRR) and the 
gross cumulative heat release (CHR) were calculated, based on the first 
law of thermodynamics (energy balance) and a single-zone model, while 
considering in-cylinder heat loss (dQloss

dθ ) as follows Eqs. (4)–(7): 

HRR =
γ

γ − 1
p

dV
dθ

+
1

γ − 1
V

dp
dθ

+
dQloss

dθ
(4)  

dQloss

dθ
= A × hc × (T − Tw)+ εσ(T4 − Tw

4) (5)  

hc = 130 × v− 0.06 × p0.8 × T − 0.4 × (u + 1.4)0.8 (6)  

CHR =

∫ EOC

SOC
HRRdθ (7)  

where, v is instantaneous cylinder volume, p is instantaneous cylinder 

Fig. 2. Schematic diagram of engine test bench with instrumentation.  

Table 3 
Instrument devices and accuracy.  

Type Transducer Measurement 
range 

Accuracy 
(FS = Full Scale) 

Air mass flow ABB Sensymaster 0–4000 kg/h 0.6 % (10–100 % of 
meas. range) 

Fuel 
consumption 

AVL Fuel balance 
733 s 

0–1800 g 0.12 % of FS 

Torque HBM T10F 0-5000Nm Accuracy class 0.1 
(DIN EN ISO 376) 

Pressure 
- Cylinder AVL GU22C 0–250 bar 0.2 % 
- Int./Exh. 

manifold 
Danfoss MBS 33 0–4 bar 0.8 % of FS 

- Intake pipe Vaisala PTB100A 500–1100 mbar 0.15 mbar 
- Exhaust pipe Mûller MHDS 400 

mbar 
0–400 mbar 

(rel*) 
0.1 % of FS 

Temperature K type 
thermocouple 

0–1200 ◦C 1.5 ◦C 

Exhaust composition 
- CO Maihak AG NDIR. 

UNOR 
1–1000 ppm 2 % 

- HC J.U.M Engineering 
HFID 

1–100 ppm 2.5 % of FS 

- NOx ECO Physics CLD 
822 

1–5000 ppm 1 % 

- PM 
concentration 

AVL MSS 483 0–50 mg/m3 Max. 3 % at DR* of 
2–10 

Max. 10 % at DR* of 
10–20 

DR*: Dilution rate rel*: Relative. 
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pressure, T is instantaneous cylinder bulk temperature, Tw is cylinder 
wall temperature, A is heat transfer area, hc is convective heat transfer 
coefficient, u is mean piston speed, γ is ratio of specific heat, SOC is crank 
angle at start of combustion and EOC is crank angle at the end of com
bustion. 

The change of cylinder volume (V) and pressure (p) was calculated 
based on 0.1 CAD. The ratio of specific heat (γ) was calculated, based on 
bulk cylinder temperature (T) computed by ideal gas law at each crank 
angle step. The heat loss model considered convective and radiation heat 
transfer which is significant in diesel engines. The convective heat 
transfer coefficient (hc) was estimated by Hohenberg model [47] for 
diesel engines with swirl. The heat loss model was further corrected in 
the simulation process. The 5 %, 50 % and 90 % mass fraction burned 
(MFB) combustion phasing indicators were derived directly from the 
CHR curve. The model validation uses the average over 100 cycles for all 
cylinder pressure, temperature, IMEP, PMEP and combustion-relevant 
parameters. 

2.2. 1D engine model set-up 

A one-dimensional (1D) engine model was used to perform a model- 
based investigation. The research engine model was originally devel
oped by AGCO Powerś engine performance development team, using the 
1D commercial code, GT-Suite, as depicted in Fig. 3. EAT was not 
necessary because this studýs main aim was to investigate EGT incre
ment accurately, along with combustion, engine-out emissions and fuel 
efficiency with various VVA strategies. Accordingly, EAT was not 
included in the engine model, although its effect on flow restriction was 
considered by adding an orifice component after the turbochargerś 
turbine. This is a common practice to simplify the model without losing 
the physical behaviour. 

The virtual 1D engine model represents the entire engine system, 
such as intake and exhaust airpath line, turbocharger, cylinders, ECU, 
injectors and even cranktrain system. The turbocharger is located near 
the inlet and outlet boundary and was encrypted. Turbocharger per
formance was computed, based on its compressor and turbine perfor
mance map. Boost pressure was controlled by a boost controller with 
target boost level. A semi-predictive intercooler model was used for 

Fig. 3. 1D research engine model.  
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realistic cooling of compressed charges. The cranktrain system (piston, 
connecting rod, crankshaft, bearing, etc.) was modelled for reliable 
estimation of mechanical friction over different in-cylinder conditions of 
VVA. 

The study used the predictive combustion model, DIPulse for reliable 
predictions of EGT, emissions and efficiency. DIPulse predicts burning 
rate (combustion) and associated emissions for direct-injection diesel 
engines with single and multi-pulse events. VVA has a direct impact on 
in-cylinder mixture formation and combustion, so use of the DIPulse 
model captures how VVA influences combustion. The model estimates 
burn rate profile from given injection profile and in-cylinder conditions. 
High-quality injection data is required to obtain an accurate combustion 
profile from DIPulse: this study used an extensive injection map and 
detailed geometry of the injectors as input data. 

The DIPulse model works closely with the injector and ECU models. 
The ECU model has a brake mean effective pressure (BMEP) controller to 
maintain a constant engine load for the present study. It triggers an 
increase or decrease in injection rate if the current BMEP varies from the 
target value. Based on imposed injection profile, DIPulse estimates the 
burn rate profile. This feedback loop is executed until the current BMEP 
level is within a certain tolerance of the target BMEP. 

The injector model supports multiple injection strategies, such as 
pilots, main and post injection. The controller adjusts only main injec
tion quantity by varying its profile (duration) without changing injec
tion timing and pressure. Pilot and post injection events remain 
constant. 

A finite element solver was used to calculate heat losses in the cyl
inders, wall surface temperature of cylinder liner, piston, and heads, 
including valves and valve guides. The results were imposed on the 
Hohenberg model to calculate in-cylinder heat loss [47]. The Colburn 
heat transfer correlation was adopted for intake and exhaust pipes, while 
wall temperature of exhaust pipes was numerically estimated [48]. 
Turning to emission characteristics, an extended Zeldovich mechanism 
was used to model in-cylinder NOx formation, and the Hiroyasu model 
was applied for soot emission [49]. 

2.3. Predictive combustion and emission model calibration 

The predictive combustion model plays a key role in the present 
study to properly capture the associated effects of VVA strategies on 
EGT, efficiency and emissions. The baseline engine model was thor
oughly parametrized and calibrated by the enginés manufacturer, AGCO 
Power. However, at low-load conditions that involve post injection, the 
baseline model calibration was not predicting the heat release and 
emissions within the accuracy targets. These were set at below 1 % root 
mean square error for the reproduced in-cylinder pressure and 5 % 
maximum error for NOx emissions respectively. Relevant parameters of 
the DIPulse model and a reaction rate multiplier of the extended 
Zelodvich mechanism in the NOx sub-model were recalibrated in order 
to achieve these accuracy targets. 

Basically, the DIPulse model discretizes the cylinder into three 
thermodynamic zones: main unburned zone; spray unburned zone; and 
spray burned zone [50]. The modelś working principle is to trace fuel 
from injection stage to burning stage. Four sub-models are used to 
capture four phenomenological diesel combustion behaviours – 
entrainment, ignition, premixed combustion and diffusion combustion. 
Each behaviour is mathematically described, as shown in Eqs. (8)–(11) 
respectively. 

dminj

dt
= − CENT

minjuinj

u2
du
dt

(8)  

τIGN = CIGN ρ− 1.5 exp
(

3500
Tp

)

[O2]
− 0.5 (9)  

dmPM

dt
= CPM mPM k (t − tIGN)

2 f ([O2] ) (10)  

dmDF

dt
= CDF mDF

̅̅̅
k

√

̅̅̅̅̅
Vs

3
√ f ([O2] ) (11) 

where, minj is injection mass flow rate; uinj is velocity at injector 
nozzle; u is velocity at spray tip; τIGN is ignition delay; ρ is pulse gas 
density; Tp is pulse gas temperature; [O2] is oxygen concentration; mPM is 
premixed mass; k is turbulence kinetic energy; tIGN is time at ignition; 
mDF is diffusion combustion mass (remaining unmixed fuel and 
entrained gas mass); Vs is cylinder swept volume; CENT is entrainment 
rate multiplier; CIGN is ignition delay multiplier; CPM is premixed com
bustion rate multiplier; and CDF is diffusion combustion rate multiplier. 

Entrainment rate in Eq. (8) describes spray penetration and fuel 
mixing with surrounding gases when fuel is injected at each pulse. It was 
derived from conservation of momentum based on empirical spray 
penetration law [50]. The entrainment rate or air mass is inversely 
proportional to injection velocity (u) at spray tip. The entrainment rate 
is further modified by the entrainment rate multiplier (CENT). Ignition 
delay in Eq. (9) represents the time delay between start of injection and 
start of combustion, which has a significant effect on the amount of 
premixed charge and premixed combustion. The ignition delay is 
computed at each pulse, based on oxygen content ([O2]), pulse temper
ature (T) and pulse gas density (ρ), based on the Arrhenius expression. It 
can be modified by the ignition delay multiplier (CIGN). 

Premixed combustion in Eq. (10) is the early stage of diesel com
bustion. This is rather rapid combustion of premixed charge accumu
lated during the ignition delay period. The premixed mass (mPM), 
ignition delay (t − tIGN) and its mixing by turbulence (k) influence the 
combustion directly. However, the rate of combustion is kinetically 
limited [50] and can be modified by a premixed combustion rate 
multiplier (CPM). After premixed combustion, the remaining unburned 
fuel and entrained gas start to mix and burn in a diffusion-limited phase. 
This is called diffusion combustion, as described in Eq. (11). It can be 
reduced by engine load or long injection duration due to spray-wall and 
spray-spray interactions [50]. The diffusion combustion rate multiplier 
(CDF) can adjust the combustion rate. 

The four multipliers (CENT ,CIGN,CPM,CDF) described above need to be 
calibrated with experimental data in order to accurately estimate com
bustion behaviour. This allows adjustment to suit the intensity of each 
phenomenon. Calibration was performed over 10 selected operating 
points (OPs) with the engine manufacturerś own fixed valve settings. 
These calibration OPs are denoted by black markers in Fig. 4, encom
passing engine speeds and load regions critical for the ETM analysis. The 
multipliers were fitted using GT-Suités multi-parameter optimiser. 

Fig. 4. Operating points for model calibration and validation.  
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Tuning was global level, not case-dependent. Ultimately, one set of four 
multipliers was obtained, valid for the entire operating envelope. 
Following calibration, both the predictive combustion and engine model 
underwent validation at three low load OPs, identified as Mode1, 
Mode2, and Mode3 in red in Fig. 4. The validation will be discussed 
further in Chapter 3.1. These three OPs, employing the fixed valve set
tings provided by the engine manufacturer, establish the baseline con
ditions for VVA simulations. 

The NOx model was calibrated with experimental data in the same 
manner. A NOx calibration multiplier was tuned to adjust the net rate of 
NOx formation. However, a multiplier for soot emissions was not cali
brated in the present study because it is extremely challenging to predict 
it exactly [51]. In addition, HC and CO emissions are typically an order 
of magnitude lower in CI engines compared to NOx and soot, and typi
cally not an issue when considering EPA Tier 4 final emission limits. 
Thus, these sub-models were not explicitly calibrated. To this end, the 
model predictions of soot, HC and CO are to be treated as informative in 
terms of trends but not absolute values. Absolute level accuracy was 
validated from the NOx emission results in this model-based study, but 
only for VVA cases close to the baseline valvetrain setting. For this 
reason, the absolute NOx level prediction is not guaranteed for signifi
cantly early or late and unconventional valve timings. 

2.4. VVA strategies and simulation conditions 

VVA simulation was performed at three low-load OPs, identified as 
Mode1, Mode2, and Mode3 in Fig. 4. Table 4 shows simulation condi
tions. These three OPs, using the engine manufacturer’s fixed valve 
settings, serve as the baseline for investigating and analysing the effect 
of VVA. The EATS was suffering from particularly low conversion effi
ciency at these points. All are below 30 % load but range from low to 
high engine-speeds. Based on the literature review described in the 
introduction, four VVA strategies were identified as interesting for diesel 
engine ETM. Each strategy involves two distinctive techniques of 
achieving the ETM target. The four strategies selected for VVA simula
tion are:  

• Intake modulation including EIVC and LIVC  
• Exhaust modulation including early exhaust valve opening (EEVO) 

and late exhaust valve opening (LEVO)  
• Internal EGR modulation including negative valve overlap (NVO) 

and 2EVO  
• Cylinder deactivation (CDA) and cylinder cut-out (CCO) 

Three to four different valve profiles were reproduced at each tech
nique, allowing the sensitivity of each strategy on the EGT increment to 
be studied. Fig. 5 shows the characteristics of each valve technique. 

Fig. 5(a)–(d) illustrate valve profiles of the intake and the exhaust 
modulation strategies. IVC timing and EVO timing were selected as a 
main parameter in the intake and exhaust modulation strategy respec
tively, since excessive IVO and EVC modulation are constrained by low 
valve clearance distance due to the high compression ratio in diesel 
engines. For instance, advancing IVO and delaying EVC are ruled out in 
order to avoid collision with the piston. In addition, constant valve 
overlap was maintained throughout the intake and exhaust modulation, 

because change of valve overlap could influence in-cylinder charge 
mixture and thermal condition at IVC, which strongly affects EGT. This 
makes EGT analysis difficult since many factors are involved. For this 
reason, only one parameter at each technique was modulated up to 80 
CAD, with an interval of 20 CAD, in both the intake and exhaust 
modulation. 

Fig. 5(e)–(h) depict the corresponding valve profiles for the internal 
EGR and cylinder deactivation/cut-off strategies. In the internal EGR 
modulation, internal EGR fraction (or residual fraction) was changed by 
either NVO or 2EVO. In the NVO strategy, the high internal EGR fraction 
was retained by advancing EVC for early termination of the exhaust 
process. Although retarding IVO did not affect the amount of internal 
EGR, it provided promising potential to reduce pumping loss. Hence, 
IVO was retarded, together with advancing EVC, with an interval of 20 
CAD simultaneously up to 60 CAD for better efficiency, as seen in Fig. 5 
(e). 

In the 2EVO strategy, the internal EGR fraction was controlled by 
reopening exhaust valves during the intake stroke. During the second 
opening, high exhaust pressure pushed burned gases into the cylinder, 
increasing the internal EGR effect. The period of the 2EVO was main
tained while the peak valve lift was changed in three steps (2 mm, 3.5 
mm and 5 mm) to vary the internal EGR fraction, as shown in Fig. 5(f). 
Higher peak valve lift during 2EVO enlarged the valve opening area, 
thus increasing the residual fraction. In fact, 2IVO was considered to be a 
promising strategy during the initial literature stage. However, it was 
not included in the final simulation study because it was identified that 
2EVO outperformed 2IVO by introducing hot gases directly into the 
combustion process [43]. 

In the CDA and CCO strategy, two of the four cylinders were deac
tivated. Fuel injection was suspended for the deactivated cylinders. CDA 
also shut off both intake and exhaust valves in the deactivated cylinders, 
as seen in Fig. 5(g), while CCO maintained all valve operation as normal, 
regardless of cylinder deactivation, as seen in Fig. 5(h). 

All the simulation was conducted under constant load and boost 
pressure conditions at each operating point as the baseline (Table 4) 
regardless of VVA. The simulation varied only valve timing and profile. 
The rest of the system remained unchanged, exactly as the baseline. 
Thus, any changes in behaviour are strongly attributable to VVA. Since 
all strategies were performed at exactly the same engine speed and 
torque level, this enables extensive back-to-back comparisons such as 
burn rate, combustion phase, gas exchange, mass transfer, emissions and 
fuel consumption, as well as EGT. All are comprehensively discussed in 
the next chapter. Note that in the present study, EGT refers to turbine 
outlet temperature before entering the EATS. 

3. Results and discussion 

3.1. Model validation – standard engine operation without VVA 

Before investigating VVA, the calibrated model was validated over 
three low-load OPs (Mode1, Mode2, Mode3), as shown in Fig. 4. Fig. 6 
compares the simulation results with the experimental results without 
VVA at these points, showing absolute and percentage error for selected 
key parameters. The key parameters can be divided into two groups. The 
first three (IMEPg, Pmax and MFB50) are good indicators to validate the 
predictive combustion model because they are directly influenced by the 
predicted in-cylinder and combustion profile. The error limits illustrated 
by blue dashed lines were adopted from the recommendation by GT- 
Suite [50]. The target limits are not that rigorous, to cover uncertainty 
of the predictive model over the wide operating ranges. The remaining 
six parameters can be used to validate the general engine performance. 
Their 5 % error limits are typical of those adopted in numerical engine 
studies to provide sufficient accuracy in representing general engine 
behaviours. 

Overall, the DIPulse model predicted combustion behaviour well in 
Mode1 and Mode2. Both Pmax and IMEPg were well within the accuracy 

Table 4 
Reference operating points with parameters relevant for ETM (Note that infor
mation on valve actuation and injection is further encapsulated in Fig. 5 and 
Fig. 7, respectively).  

Simulation conditions Mode1 Mode2 Mode3 

Engine speed [rpm] 1000 1425 1900 
Engine load [%] 28.8 34.3 29.8 

Boost pressure ratio [–] 1.06 1.18 1.46 
EGT [◦C] 280 329 293  
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Fig. 5. The scope of simulated valve profiles: (a) EIVC; (b) LIVC; (c) EEVO; (d) LEVO; (e) NVO; (f) 2EVO; (g) CDA (deactivated cylinder); (h) CCO (all cylinders) and 
CDA (activated cylinders). 
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target of 5 % and 5 bar. In addition, the error of MFB50 did not exceed 
0.5 CAD. But the modelś predictions were less accurate in the mentioned 
parameters in Mode3. Here, although the Pmax was well-captured, the 
IMEPg was underpredicted, with 8 % error compared to the measure
ment results. This correlated with a large error (2.5 CAD) in estimating 
MFB50. 

Fig. 7 compares simulation and experimental results for in-cylinder 
pressure and gross heat release rate (HRR) at Mode3. They help 
explain the discrepancies in the IMEPg and MFB50 results. It is apparent 
that the model predicts the profile of HRR very well until approximately 
30 CAD after TDC. The simulatiońs inaccuracy evidently stems from the 
under-predicted HRR from the late post injection (SOI4). The model 
predicts here a distinctively pre-mixed combustion, while the experi
mental HRR shows an elongated afterburning phase. Furthermore, the 
total amount of heat released in this phase is underpredicted by the 
model, which results in lower simulated in-cylinder pressure during 
expansion. This explains the earlier noted discrepancy in IMEPg for 
Mode3 (Fig. 6). 

There are two possible reasons for the modelś inaccuracy around late 
post-injection prediction. The first pertains to the accuracy of model 
input. The DIPulse model uses injector mass-flow rate to calculate HRR. 
This input cannot be directly measured during engine operation and 
instead is obtained from injector characterisation, assuming mean-value 

rail pressure during all injection events. However, in real engine oper
ation the common-rail pressure drops momentarily after the main post- 
injection, causing reduced fuel rates and slower, more mixing-controlled 
combustion for the following post-injection dose. Secondly, while this 
inadequacy of the input data could be mitigated by model tuning, large 
post injection is seldomly represented in the calibration data. It is noted 
that other validation points – Mode1 and Mode2 - also incorporate post 
injections, but the order of magnitude of these is lower than in Mode3. 

In other words, the modelś predictivity at Mode3 is far outside its 
calibration matrix, forming the most challenging case for simulation. 
Bearing this in mind, the model results are considered acceptable, 
especially as the combustion reproduction inaccuracies diminish when 
considering engine-level parameters relevant to the present study. This 
is clearly seen in the BSFC and exhaust thermal state parameters in 
Fig. 6. The modelś inaccuracy in Mode3 is obviously larger than in other 
validation cases, but well in line with the 5 % target for EGT and BSFC. 
The same applies to NOx emissions (BSNOx), which were predicted with 
relative error below 3.5 % in all cases. 

In conclusion, the model is predictive in terms of VVÁs effects on 
combustion, and its accuracy in terms of thermal state, performance and 
emission parameters substantiates its use for the current research. 
Nevertheless, in extreme valve timings, the model predictions should be 
regarded as indicative in terms of trends rather than absolute values, 
especially where combustion-related effects are considered. 

3.2. Effect of intake modulation (EIVC and LIVC) 

Fig. 8 presents the results of simulating EIVC and LIVC, showing 
changes to the governing engine parameters with respect to the baseline 
at the validated points of Mode1-3. It is evident that one can elevate EGT 
by as much as +150 ◦C by both advancing and retarding the IVC timing 
by the theoretically allowable interval. The increase in the EGT is due 
primarily to reducing the intake air flow (IAF), as shown in Fig. 8(b). 
Intake flow reduction potential, and hence the EGT increment, are 
stronger with EIVC and are a direct result of shortened intake duration 
and reduced valve lift (see Fig. 5a for reference). LIVĆs effect on IAF and 
ΔEGT is qualitatively the same as for EIVC, but is due to different phe
nomenology. Note that here the maximum valve lift is unchanged 
(Fig. 5b) and the restriction of intake flow comes from increased back
flow to the intake manifold when intake valves are still open during the 
compression. 

In both cases, the reduced IAF influence in-cylinder heat capacity. 
Fig. 9 illustrates in-cylinder heat capacity of excess air at Mode2, 
showing that intake modulation reduces in-cylinder heat capacity 

Fig. 6. Absolute or percentage errors of combustion and general engine performance parameters: gross indicated mean effective pressure (IMEPg); peak in-cylinder 
pressure (Pmax); crank angle of 50% fuel mass fraction burned (MFB50); intake air mass flow (IAF); brake specific fuel consumption (BSFC); intake air temperature 
(IAT); exhaust gas temperature at turbine outlet (EGT); exhaust pressure at turbine outlet (Pex); brake specific NOx (BSNOx) at Mode1, Mode2 and Mode3. 

Fig. 7. Comparison of normalised cylinder pressure (Pcyl) and normalised gross 
heat release rate (HRR) at Mode3 (the least accurate). 
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compared to the baseline. The reduction of mass flow by EIVC/LIVC 
incurred low heat capacity, resulting in less heat being absorbed during 
combustion. Consequently, the lower heat capacity elevates cylinder 
temperature, increasing the EGT (Fig. 8a). 

Fig. 10(a) shows combustion temperature in the burned zone for 
EIVC and LIVC at Mode2. With retarded IVC timing, the burned zone 
temperature beyond 30 CAD after TDC increased due to the low heat 
capacity effect. Thus, when the exhaust valve opened, hotter combustion 
gases were discharged, raising the EGT. Even though EIVC and LIVC 
appear to have similar combustion temperatures in the figure, EIVĆs 

actually is slightly higher where EIVC had slightly more reduction in air 
flow than LIVC at the same degree of IVC shifting, as seen in Fig. 8(b). 
This reduced the heat capacity (Fig. 9) and then raised EGT. It is 
apparent that in-cylinder heat capacity is a main parameter to control in- 
cylinder thermal status and EGT when using EIVC and LIVC. 

Both EIVC and LIVC had greatest effect on EGT at their most extreme 
IVC timings. The EGT increment is +171 ◦C (IVC-80) and +140 ◦C 
(IVC+80) respectively at Mode2, corresponding with 36 % (IVC-80) and 
33 % (IVC+80) of flow reduction. EIVC produced +31 ◦C higher EGT 
than LIVC because its flow restriction was three percentage points 

Fig. 8. Simulation results of EIVC and LIVC: (a) ΔEGT; (b) ΔIAF; (c) ΔBSFC; (d) ΔPMEP; (e) Δignition delay; and (f) in-cylinder air–fuel ratio (AFR).  
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greater, lowering in-cylinder heat capacity. LIVC performed better at 
Mode1, while EIVC was better at Mode3. These results reflect the 
maximum reduction of air mass flow at each operating point. Therefore, 
the effect of EIVC and LIVC on EGT is dependent on the reduction of total 
air mass flow, which determines in-cylinder heat capacity. 

Fig. 8(c) shows an inconsistent BSFC trend. BSFC in Mode1 and 2 was 
similar to the baseline up to ±60 CAD but then increased by more than 2 
% at IVC-80 and IVC+80. However, fuel consumption in Mode3 was 2 % 
lower than the baseline. In general, BSFC is closely related to pumping 
work, but in this study the BSFC trend does not match the PMEP trend, 
depicted in Fig. 8(d). PMEP was reduced in most cases of intake mod
ulation. The similar trend was observed in literature [52,53]. It is noted 
that lower trapped mass with EIVC and LIVC attributes to reduced 
resistance during compression, leading to a decrease in pumping losses. 
Thomas [53] highlighted that a higher degree of IVC modulation pro
vides higher PMEP reduction potential. However, reduction of PMEP 
does not contribute to decreasing BSFC in the present study, except in 
Mode3. This indicates that there must be another factor, other than 
pumping losses, influencing BSFC. For this reason, combustion behav
iour was examined. 

In fact, EIVC and LIVC exert a strong impact on combustion. Shifting 
IVC timing reduced effective compression ratio so that cylinder pressure 
and temperature were lower than the baseline at the end of compression 
stage. Fig. 11 shows the bulk in-cylinder temperature during 

compression stroke at Mode2 for different LIVC cases. Cylinder tem
peratures at the point of pilot and main injections with IVC+80 were 60 
to 70 ◦C lower than the baseline. Consequently, peak cylinder pressure 
and peak cylinder temperature gradually reduced with shifting IVC 
timing, as observed in Fig. 10(a) and (b). The same trend was observed 
with EIVC. Low cylinder temperature with EIVC and LIVC means the 
air–fuel mixture takes longer to reach self-ignition temperature, 
increasing the ignition delay time. Larger shifts in IVC timing lead to 
even lower cylinder temperatures and hence greater ignition delays. 
Fig. 8(e) shows ignition delay was prolonged by up to 10 CAD at IVC-80 
and IVC+80. This delay helped to enhance premixed combustion, as 
shown in Fig. 12, because the additional air–fuel mixing time increased 
the amount of premixed mixture. 

Ultimately, the long ignition delays as shown in Fig. 8(e) shifted the 
whole combustion process. This is most noticeable at extreme IVC tim
ings, IVC− 80 and IVC+80, where longer ignition delay slowed com
bustion (long combustion duration) and delayed MFB50. This indicated 
that more fuel is burned when the piston is moving downward, not near 
TDC. This caused less effective work transfer and so increased BSFC. 
Therefore, BSFC was affected by the combined effects of PMEP and 
combustion. 

Mode1 and 2 show stable BSFC with moderate shifts of IVC timing up 
to ±60 CAD, where reduction of PMEP is offset by delayed combustion. 
However, it seems that the reduction of PMEP is stronger than the 
delayed combustion, so BSFC was reduced at Mode3. At the most 

Fig. 9. Trace of specific heat capacity (cp) of excess air at Mode2 dur
ing combustion. 

Fig. 10. Simulation results of EIVC and LIVC at Mode2: (a) burned zone temperature and (b) normalised in-cylinder pressure (Pcyl).  

Fig. 11. Simulation results of LIVC at Mode2: bulk cylinder temperature.  
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extreme IVC conditions (IVC− 80 and IVC+80), BSFC increased sharply 
because combustion is slowed too much by excessive phase delay, so 
milder intake modulation is suggested in order to avoid increasing fuel 
consumption. Another measure entails advancing the combustion phase 
to mitigate the delay. Two methods are available for advancing the 
combustion phase: adjusting injection timing and internal or external 

EGR. De Ojeda [42] demonstrated maintenance of combustion phase 
(MBF50) by advancing injection timing with EIVC, improving BSFC by 
4.5 % and raise EGT about 95 ◦C. Guan et al. [41] employed internal 
EGR with LIVC to reduce ignition delay by introducing hot residual 
gases. This resulted in reducing the BSFC penalty by 0.7 % while 
increasing EGT by 62 ◦C. 

Fig. 13 shows how the change of combustion characteristics influ
enced engine-out emissions. LIVC and EIVC reduced peak combustion 
temperature due to low effective compression ratio and delayed com
bustion phase, as shown in Fig. 10(a). The lower peak combustion 
temperature gradually reduced NOx emissions (Miller effect), as seen in 
Fig. 13(a). The maximum NOx reduction of more than 97 % was 
observed at IVC+80 and IVC-80. Some points are even below EU Stage-V 
NOx limit (0.4 g/kWh). However, Fig. 13(b) shows that extreme IVC 
modulations drastically increased soot emission because the air mass 
flow was substantially decreased. This enriched the fuel mixture, as 
shown in Fig. 8(f), promoting soot formation. Furthermore, the reduc
tion in excess air constrained soot oxidation, despite increased com
bustion temperature. 

Fig. 13(a) and (b) depict a typical diesel engine trade-off between 
soot and NOx up to ±60 CAD. However, this trade-off disappears at 
IVC− 80 and IVC+80, where both NOx and soot were mitigated simul
taneously. This is typical when combustion moves from mixed-control to 
premixed mode and can be clearly seen from Fig. 12′s HRR plot. Towards 
particularly early/late valve timings, elongated ignition delay enables 
more time for fuel to premix, and increased local oxidizer availability 

Fig. 12. Simulation results of EIVC and LIVC at Mode2: normalised gross HRR.  

Fig. 13. Simulation results of engine-out emissions from EIVC and LIVC: (a) ΔNOx; (b) ΔSoot; (c) ΔHC; and (d) ΔCO.  
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suppresses soot formation. Note however, that the results of the pre
dictions of the combustion/emission sub-model at extreme valve timings 
have not been validated, and so should be treated with caution. 

Fig. 13(c) and (d) show that modulating IVC timing increased HC and 
CO emissions. These emissions are unburned and partially burned fuels, 
representing incomplete combustion. Both EIVC and LIVC reduced the 
fresh charge flow and trapped air mass, so there was insufficient oxygen 
for the injected fuel. Even though increased ignition delay gave more 
mixing time, locally rich mixture resulted in incomplete combustion. 
Guan et al. [41] and Garcia et al. [55] highlighted that low combustion 
temperature also contributed to incomplete combustion, thereby 
increasing HC and CO emissions. Moreover, the oxidation process of HC 
and CO in the combustion chamber is suppressed by the reduced excess 
air. Nevertheless, the DOC’s improved conversion efficiency due to 
elevated EGT will effectively mitigate HC and CO, leading to low tailpipe 
HC and CO emissions. 

In short, intake modulation could elevate EGT more than 150 ◦C by 
controlling in-cylinder thermal status with air flow. Extreme IVC 

modulation raises EGT significantly, but produces considerable changes 
in combustion characteristics, such as long ignition delay, so entails a 
minor fuel penalty due to delayed combustion. The fuel penalty can be 
minimised by adjusting fuel injection timing or introducing EGR. Intake 
modulation also gave significant reductions of NOx via the Miller effect, 
but soot, HC and CO emissions deteriorated due to the rich mixture. 
Increasing the air–fuel ratio can reduce these emissions but will also 
reduce the EGT increment. 

3.3. Effect of exhaust modulation (EEVO and LEVO) 

Fig. 14 plots simulation results of exhaust modulation. Fig. 14(a) 
shows an increasing EGT trend as EVO timings move further away from 
the baseline. Both extreme EEVO and LEVO achieved the highest EGT 
increments. EVO− 80 raised EGT by +101 ◦C; EVO+80 raised EGT by 
+68 ◦C. But these excessive EVO timings also carried significant BSFC 
penalties of +16.6 % (EVO− 80) and +13.3 % (EVO+80), as seen in 
Fig. 14(c). Compared to intake modulation, the EGT increment is rather 

Fig. 14. Simulation results of EEVO and LEVO: (a) ΔEGT; (b) ΔIAF; (c) ΔBSFC; (d) ΔPMEP; and (e) AFR.  
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low and the BSFC penalty is high. Unlike intake modulation, the EGT 
increment is not related to air flow, since air flow (IAF) remains con
stant, as shown in Fig. 14(b). Constant boost pressure and unchanged 
intake valve profile gave constant intake flow. 

Instead, exhaust modulatiońs ability to raise EGT is associated with 
how EVO timing affects the point at which combustion ends. In the 
power stroke, EVO timing determines when combustion will be halted. 
Advancing EVO timing discharges more hotter combustion gases 
because combustion ceases earlier. This moves the temperature at EVO 
towards peak temperature regions, as shown in Fig. 15(a). The high in- 
cylinder thermal status was achieved by reduced expansion work (pre
vent temperature drop) and short residual time (less heat losses). 
However, advancing EVO timing gradually reduced the gross work 
because combustion was terminated earlier. This degraded both torque 
and power. To maintain the same engine performance, fuel injection 
needs to be increased to compensate performance drop, causing a high 
BSFC penalty with EEVO. 

Delaying EVO timing postpones the end of combustion even after 
bottom dead centre (BDC). After BDC, piston is moving upward but 
exhaust valves are still closed, so the in-cylinder charge is compressed. 
In our case, cylinder pressure rose to 3 bar where usually exhaust 
pressure is below 2 bar at low load, even though it depends on turbo
charger operation. This promoted the high cylinder temperature seen in 
Fig. 15(b) and thus higher EGT. The later the EVO timing, the higher the 
EGT, due to re-compression. However, the re-compression induced high 
pumping work during the gas exchange process. Once again, more fuel 
injection is inevitable to maintain the same performance, resulting in a 
high BSFC penalty, even though expansion work is maximised in LEVO 
cases. 

EEVO demonstrated better EGT performance than LEVO for the same 
degree of EVO modulation. The main reason is that EEVO directly 
released hot gases, while LEVO was involved with long expansion and 
re-compression which increased heat losses. Both exhaust modulations 
caused rather high BSFC penalties of up to +13.3 % (EVO+80) and 
+16.6 % (EVO− 80). The BSFC increment stems from pumping work 
(LEVO and EEVO) and reduction of gross work (EEVO). It is noted that 
EVO modulation strongly affects the gas exchange process and power 
cycle. However, neither EEVO nor LEVO has a major effect on com
bustion behaviour because intake flow and in-cylinder charge condition 
(at IVC) before the combustion remained similar to the baseline. As a 
result, combustion and the cylinder pressure profiles were fairly 
consistent for all cases. This combustion stability makes implementation 
of exhaust modulation easier because combustion recalibration is not 
needed. 

Fig. 16 provides engine-out emissions for all EEVO and LEVO cases. 

Variation of NOx emission was rather small (less than 20 %) because 
combustion was not influenced by EVO modulation. This is related to the 
relatively stable peak combustion temperatures, seen in Fig. 15(a), 
compared to other strategies (see Fig. 10a for reference). Fig. 16(b) and 
(c) shows greater EVO modulation increased both soot and HC. Soot 
formation was promoted by rich mixture with changing EVO, as seen in 
Fig. 14(e). Unlike intake modulation, the rich mixture was created by 
increased fuel injection. Overall, EEVO indicated slightly higher soot 
than LEVO. This is because EEVO had less residual time, which inter
rupted the oxidation process. 

EEVO also showed higher HC than LEVO. The reduced combustion 
duration with EEVO curtailed complete combustion, which increased 
HC. This effect was strongest at most advanced EVO case (EVO− 80) 
where post-injected fuel had less time to be burned: LEVO gave longer 
combustion time, enabling a more complete burn. LEVÓs longer com
bustion also gave more oxidation time. This combination of long com
bustion and oxidation time contributed to slightly lower HC with LEVO. 
Fig. 16(d)ś CO emission trend is noticeably different from the others. 
Two factors caused LEVÓs high CO emissions. One is increased incom
plete combustion of the rich mixture; the other is increased partial 
oxidation of HC from the long oxidation process. In contrast, CO with 
EEVO was lower than the baseline. This is probably attributable to 
reduced combustion efficiency. Note that CO has very low activation 
energy and so is generally easier to oxidise than HC. CO emission is 
preliminary attributed to local oxygen deficiencies, so less HC under
going combustion leaves more oxygen surplus for complete oxidation of 
CO. 

Exhaust modulation increased EGT by up to +100 ◦C, but with a high 
BSFC penalty of more than +10 %. EGT increment is controlled by 
changing combustion duration, but it has negative effect on fuel effi
ciency due to loss of expansion work (EEVO) and high pumping work 
(EEVO and LEVO). Furthermore, different combustion duration pro
duced different emission trends. Despite changing combustion duration, 
combustion characteristics were not influenced, so NOx emissions were 
not heavily affected by EVO modulation. Lastly, excessive EVO modu
lation should be avoided because it carries a high fuel penalty. 

3.4. Effect of internal EGR (NVO and re-introduction of exhaust) 

Fig. 17 presents the simulation results of i-EGR. First, increasing NVO 
and increasing valve lift of 2EVO both promoted more dilution effect. 
This is indicated by residual gas fraction (RGF) in Fig. 17(a). Fig. 17(b) 
shows that both NVO and 2EVO elevated EGT and that the increase is 
proportional to the EGR effect. The EGT increment was +205 ◦C 
(NVO60) and +120 ◦C (2EVO with 5 mm lift) respectively. The EGT 

Fig. 15. Simulation results at Mode1: (a) burned zone temperature in EEVO; and (b) bulk cylinder temperature in LEVO.  
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increment mechanism is rather similar to intake modulation. A higher i- 
EGR suppressed fresh charge induction, which reduced in-cylinder heat 
capacity, as seen in Fig. 17(c). This raised combustion temperature and 
then EGT. Fig. 18(a) displays increasing combustion temperature due to 
the effect of low heat capacity with increasing dilution effect in NVO and 
2EVO at Mode2. 

However, the reduction mechanism of air flow is different. Intake 
modulation directly restricted intake flow by shifting IVC timing. On the 
other hand, i-EGR utilised RGF to constrain intake flow. Increasing the 
NVO period by advancing EVC trapped more RGF because the exhaust 
cycle was halted earlier. High RGF in the cylinder prevents induction of 
fresh charges in the next cycle, cutting incoming air mass flow. 

2EVO allowed backflow during intake stroke because exhaust pres
sure is usually higher than intake pressure at low-load operation. 
Increasing the maximum valve lift increased effective valve opening 
area, thus raising RGF. However, air flow reduction occurred at the same 
cycle, as shown in Fig. 18(b), which illustrates instantaneous mass flow 
via intake and exhaust valves. With both intake and exhaust valves open, 
the higher degree of backflow (high RGF) countered the incoming flow, 
creating resistance for the incoming charge. Fig. 18(b) clearly shows the 
backfloẃs suppression of the incoming charge. 

Fig. 17(b) and (c) show that increasing RGF with either NVO and 
2EVO restricted incoming charge flow, which improved EGT. Although 
direct comparison of NVO and 2EVO is difficult, NVO produced the 
higher EGT. This is mainly because NVO achieved more EGR in the 
current study. NVO60 raised RGF to 29 %, which cut intake air flow by 
40 %. 2EVO with 5 mm valve lift raised RGF to 24 %, reducing air flow 

by 31 %. Thus, NVO60 showed greater EGT increment. However, the 
RGF of NVO20 was lower than 2EVO with 2 mm lift, so 2EVO raised EGT 
further. It is evident that RGF is the main parameter to control EGT in i- 
EGR. Results with 2EVO in particular reveal the strong relationship 
between RGF and EGT. In 2EVO, RGF increment is more noticeable at 2 
mm lift, so the EGT increment also is large. But with higher lifts, the 
incremental RGF diminishes when compared with the NVO cases, so the 
increase in EGT also begins to flatten. 

Although a large amount of EGR is effective in raising EGT, it harms 
fuel efficiency. Both NVO and 2EVO exhibit an increasing BSFC trend in 
Fig. 17(d). NVÓs BSFC penalty was up to +15.7 % (NVO60), while 
2EVÓs was less severe, at up to +6.5 % (5 mm lift). NVÓs higher BSFC 
penalty resulted from increased pumping work, as shown in Fig. 17(e). 
This is mainly due to re-compression by EEVC and re-expansion by LIVO 
during NVO, which is clearly visible in Fig. 19. Cylinder pressure was 
raised by more than 10 bar during the gas exchange process, which has a 
negative effect. This behaviour became more severe with a long NVO 
period at Mode1 and 2. However, PMEP was reduced at Mode3. In fact, 
the baseline pumping loop is rather large due to substantial pressure 
gradient between intake and exhaust. NVO reduced Mode3 pumping 
losses by narrowing the pumping loop via re-compression and re- 
expansion. Nevertheless, PMEP is not the main cause of increased 
BSFC, because 2EVO and NVO (Mode3) still carry a BSFC penalty, 
despite their pumping work being lower than the baseline. Further 
analysis of the combustion behaviour was required to investigate the 
BSFC penalty in i-EGR. 

Fig. 20 presents the predictive combustion modelś HRR at Mode2. 

Fig. 16. Simulation results of engine-out emissions from EEVO and LEVO: (a) ΔNOx; (b) ΔSoot; (c) ΔHC; and (d) ΔCO.  
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Both NVO and 2EVO show reduced premixed combustion behaviour 
with increasing EGR rate, which is opposite to intake modulation. This 
behaviour was observed at other operating points. Since less fuel is 
burned at the early stage of the combustion, more fuel is burned at the 
later stage, which is diffusion combustion mode. Therefore, combustion 
duration was prolonged with increasing EGR fraction. It is widely known 
that EGR slows down combustion due to reduced oxygen content, which 
corresponds to our results. This phenomenon is clearly visible in Fig. 20. 
NVO60́s combustion duration in particular is much longer than that of 

2EVO with 5 mm lift, reflecting the higher EGR effect of NVO60 in 
Mode2. 

Ultimately, the slow and delayed combustion caused ineffective 
work transfer and reduced performance because more fuel was burned 
far from the sweet spot near TDC, and more slowly. Injection of more 
fuel is essential to maintain the same performance, contributing to 
deteriorating fuel efficiency in both cases. Fig. 20 shows that NVO60 in 
particular underwent more changes in combustion phase and duration 
than 2EVO with 5 mm lift, and thus recorded a larger fuel penalty. 

Fig. 17. Simulation results of NVO and 2EVO: (a) RGF; (b) ΔEGT; (c) ΔIAF; (d) ΔBSFC; (e) ΔPMEP; and (f) AFR.  
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The reduced intensity of premixed combustion in both NVO and 
2EVO with increasing EGR resulted from less excess oxygen. Introducing 
hot exhaust gases when injection was initiated does not reduce in- 
cylinder mixture temperature, so ignition delay time or mixing time 
was not affected negatively, unlike intake modulation. However, less 
oxygen concentration with EGR yielded poor air–fuel mixing and less 
premixed charge. This reduced premixed combustion. The lower HRR in 
premixed combustion reduced the peak cylinder pressure and lowered 
peak combustion temperature, as shown in Fig. 18(a). Although both 
intake modulation and i-EGR exhibited similar cylinder-pressure profile 
trends, their differing ignition delays caused hugely different combus
tion behaviour. 

NVO and 2EVO show similar emission trends in Fig. 21. These are 
typical of diesel engines with EGR. First, Fig. 21(a) shows huge NOx 
reduction (up to ~ − 99 %) with increasing EGR, due to the reduction in 
peak combustion temperature, as seen in Fig. 18(a). However, other 
emissions rose. Fig. 21(b) shows soot was increased by up to +145 %. 
The air–fuel mixture became rich due to reduced excess air, as seen in 
Fig. 17(f), promoting soot formation. Also, the lower flame temperature 
and less excess oxygen reduced the rate of soot oxidation/re-burning 
[56]. HC and CO emissions increased by up to +239 % and +107 % 
respectively, as shown in Fig. 21(c) and (d). These are the results of 
increased incomplete combustion, stemming from poor air–fuel mixing 
with high EGR rates. Additionally, the low oxygen concentration sup
pressed oxidation, contributing to increasing carbon emissions. NVO60 
had the highest EGR effect and also recorded most of the highest soot, 
HC and CO emissions. 

Internal EGŔs dilution effect has demonstrated the capability to raise 
EGT by more than +200 ◦C. Increasing the EGR fraction raises EGT by 
restricting in-cylinder air mass, thus lowering heat capacity. However, 
this huge improvement in EGT is accompanied by a considerable BSFC 
penalty, because EGR harms combustion. This penalty can be mitigated 
to some extent by adjusting injection timing. EGR suppresses NOx by up 
to 99 %, but the rich mixture increases other emissions. 

3.5. Effect of cylinder deactivation (CDA) and cylinder cut-out (CCO) 

Fig. 22 illustrates how CDA and CCO affect EGT and IAF over 
different boost pressure levels. The model gradually varied boost pres
sure, as shown in Fig. 22(a). The same boost pressure was imposed in 
both CDA and CCO operation at each boost level (v1, v2, and v3) except 
Mode2 (boost v3), where the turbocharger could not deliver the target 
boost. Fig. 22(b) shows CDA enhanced EGT up to +264 ◦C (boost v1) 
from its baseline, whereas CCO raised EGT by only +101 ◦C (boost v1). 
Despite this difference in EGT increment, both strategies have high 

Fig. 18. Simulation results of NVO and 2EVO at Mode2: (a) burned zone temperature; and (b) instantaneous mass flow rate via intake and exhaust valves.  

Fig. 19. Simulation results of log P – log V diagram from NVO and 2EVO 
at Mode2. 

Fig. 20. Simulation results of NVO and 2EVO at Mode2: normalised gross HRR.  
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overall combustion temperature compared to baseline at Mode1, as seen 
in Fig. 23(a). The same trend was observed at other operating points. 
This is explained later. 

The primary effect of high combustion temperature is increased 
HRR, as shown in Fig. 23(b). Since the two deactivated cylinders did not 
produce any work, the activated cylinders need to work almost twice as 
hard to maintain the same performance, as seen in Fig. 24(c). Hence, 
more fuel was injected, raising combustion temperature compared to the 
baseline, as shown in Fig. 23(a). 

The secondary effect is boost pressure. Increasing boost pressure 
with both CDA and COO reduced EGT. This is associated with the heat 
capacity effect, as discussed before. Increasing boost pressure delivered 
more air into the activated cylinders, as observed in Fig. 22(c). This 
increased the heat capacity, which suppressed high temperature incre
ment during combustion. For this reason, the high boost pressure 
showed lower combustion temperature after 30 CAD from TDC in Fig. 23 
(a), leading to lower EGT. However, it was observed that the primary 
effect is much stronger than the secondary effect in the present study. 

It was noted above that CDA and CCO produced broadly similar 
combustion temperatures, but that CDA obtained an EGT that was more 
than +100 ◦C higher than CCO. This is mainly due to the different gas 
exchange process arising from different valve motions in the deactivated 
cylinders. Fig. 25 illustrates contour plots of temperature along the 
exhaust pipe lines at Mode1 (boost v3). CCO allowed the deactivated 
cylinders to breathe as usual, but because combustion did not occur, 

they discharged rather cold charges, as shown in Fig. 25(a). The mixing 
of the cold charges with hot gases from activated cylinders meant a large 
amount of thermal energy was lost, restricting the EGT increment. In 
fact, the impact of CCÓs cold gases could even reduce EGT below the 
baseline level at Mode2, as seen in Fig. 22(b). 

In contrast, all valves were shut down in CDÁs deactivated cylinders, 
so there was no mixing, as shown in Fig. 25(b). Instead, some hot gases 
flowed back to the exhaust line of deactivated cylinders, heating up the 
exhaust pipe. Even though there are some losses during backflow, it is 
not that significant compared to CCO. This contributed to maintaining a 
high EGT in CDA. This demonstrates that the valve operation of deac
tivated cylinders strongly affects EGT. Since the charges were not 
equally distributed in CDA, the total air mass flow in Fig. 22(d) could not 
provide correct in-cylinder air mass distribution. Instead, net charge 
flow per activated cylinder is a more useful parameter to estimate heat 
capacity effect. 

Furthermore, differences in the gas exchange process in the deacti
vated cylinders have different impact on fuel efficiency, as seen in 
Fig. 24(a). CCO showed a high BSFC penalty of up to 15 % against the 
baseline (boost v1 at Mode3), whereas CDÁs penalty was no greater 
than +2.9 % (boost v1 at Mode1). CDA even displayed better BSFC than 
the baseline at some points with high boost pressure. Fig. 24(b) indicates 
that CCÓs larger fuel penalty stemmed mainly from its higher pumping 
work. To investigate the factors that induce a large pumping work, 
Fig. 26 compares PMEP in both activated and deactivated cylinders 

Fig. 21. Simulation results of engine-out emissions from NVO and 2EVO: (a) ΔNOx; (b) ΔSoot; (c) ΔHC; and (d) ΔCO.  
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(CYLa/CYLd) with average values (AVG) at boost v2, showing that high 
pumping work in both CCO’s activated and deactivated cylinders 
mostly. 

The high PMEP in the activated cylinder is likely from high back 
pressure due to over-closed wastegate because CCO has rather low 

exhaust enthalpy at turbine inlet suffering from low EGT (Fig. 22b). 
However, the opening of the waste-gate cannot be traced back due to the 
encryption of the turbocharger model in the present study. This effect 
was rather small at Mode1 owing to rather low boost requirement. 
However, it was more severe at Mode2/3 when boost control was 

Fig. 22. Simulation results of CDA and CCO: (a) boost pressure; (b) ΔEGT; (c) ΔIAF per activated cylinder; and (d) Δtotal IAF.  

Fig. 23. Simulation results of CDA and CCO at Mode1: (a) burned zone temperature; and (b) normalised gross HRR.  
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Fig. 24. Simulation results of CDA and CCO: (a) ΔBSFC; (b) ΔPMEP; (c) Δnet IMEP; and (d) AFR in activated cylinder.  

Fig. 25. Contour plot of exhaust temperature at Mode1 (boost v3): (a) CCO; and (b) CDA.  
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actively involved with increased boost pressure. Even though CDA 
increased averaged PMEP up to 40 % at Mode1 (Fig. 24b), this incre
ment is very small as seen in Fig. 26. 

The high pumping work in the deactivated cylinders is attributed to 
normal valve operation. Fig. 27 presents P-V diagram of a deactivated 
cylinder in log scale for both cases at Mode3. It clearly shows that CCO 
has large pumping loop due to normal valve operation. However, CDA 
had no pumping loop because valve operation was not involved. In a 
similar manner, it became severe at Mode2/3 in Fig. 26 due to high back 
pressure with wastegate control while CCO’s PMEP at Mode1, was less 
affected due to low boost demand. It is noteworthy that boost control 
could influence the gas exchange process and pumping loop to some 
extent in CDA/CCO. Consequently, CCO incurred a higher fuel penalty 
because it needs to produce more work to compensate for pumping 
losses in both activated and deactivated cylinders except Mode1. This 
explains why CCÓs IMEP is slightly higher than CDÁs in Fig. 24(c). 

Another interesting trend is that increasing boost pressure could 
reduce the BSFC penalty. This relates to combustion behaviour. Fig. 23 
(b) shows ignition delay was short due to the high in-cylinder temper
ature derived from increased engine load. Premixed combustion was 
enhanced in both CDA and CCO with increasing boost pressure, because 
this delivered more air which improved air–fuel mixing and the amount 
of premixed charge. Even though ignition delay was slightly shorter, 
premixed combustion was enhanced by the abundant excess air from 
increased boost pressure. The extra premixed combustion at high boost 

pressure released more heat, raising peak combustion temperature, and 
advanced the combustion phase as shown in Fig. 23(b). Since more fuel 
burned earlier near TDC, this promoted more effective work transfer. 
Consequently, BSFC at high boost pressure (v3) was reduced by up to 
− 3.2 % (CDA) and − 1.7 % (CCO) compared to low boost pressure (v1). 
BSFC could be improved even further by optimising injection timing to 
achieve the same MFB50 as the baseline. 

Fig. 23(b) shows that combustion was longer and slower with CDA 
and CCO compared with the baseline. This is mainly due to a longer 
main fuel injection duration. Injection pressure and start of injection 
(SOI) were fixed, so injection duration needs to be extended to deliver 
more fuel. This lengthened the whole combustion process. In practice, 
injection pressure is supposed to be increased with increased engine load 
in CDA and CCO, but this was not considered in the present study. 
Raising the injection pressure would reduce the long combustion dura
tion to some extent. CCÓs combustion duration was slightly longer than 
CDÁs at all three boost levels, since CCO needed increased fuelling and 
hence had a longer main fuel injection duration. Combustion duration 
was shorter at high boost pressure because increased premixed com
bustion burned more fuel at the early stage of the combustion. 

Fig. 28 depicts engine-out emissions, and shows that both CDA and 
CCO display similar trends with increasing boost pressure. Fig. 28(a) 
shows that raising boost pressure also increases NOx emission. This is a 
consequence of increased peak combustion temperature due to 
enhanced premixed combustion releasing more heat at the beginning of 
combustion. However, note that NOx emission was reduced by 50 % at 
low boost pressure (v1) for both CDA and CCO because their peak 
combustion temperature was lower than the baselinés, as seen in Fig. 23 
(a). This mainly is due to maintained injection pressure, despite 
increased load. In real-world operation, higher peak combustion tem
perature is expected with increasing injection pressure with CDA and 
CCO. But even though this means engine-out NOx emission would be 
higher, the increased EGT will enhance EATS efficiency, so tailpipe NOx 
emissions will be lower. 

Soot, HC and CO emissions were increased by cutting half of the 
cylinders (boost v1), as seen in Fig. 28(b), (c), and (d). The increased 
main fuel injection quantity created locally rich mixture, as seen in 
Fig. 24(d), causing high soot formation. Fuel injection was more than 
doubled in the activated cylinders; there was insufficient excess air to be 
mixed completely, resulting in incomplete combustion. Higher boost 
pressure provided more excess air, promoting better air–fuel mixing and 
alleviating locally rich mixture. This suppressed formation of soot, HC 
and CO but also lowered EGT. Additionally, increased oxygen concen
tration encouraged more oxidation. But these emissions never fell below 
their baseline levels, since formation was still greater than oxidation, 
except in the case of CO emission at CDA operation. However, several 
experimental studies have demonstrated that soot, HC and CO emissions 

Fig. 26. Comparison of PMEP in activated and deactivated cylinders for CDA and CCO at Mode1, Mode2 and Mode3 (boost v2).  

Fig. 27. Simulation results of CDA and CCO: log P – log V diagram of deacti
vated cylinder at Mode3. 
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can be cut by more than 50 % in CDA and CCO by increased oxidation, 
high air fuel ratio (AFR) and increased injection pressure [57,58]. 

Both CDA and CCO improved EGT, mainly by increased heat release 
in activated cylinders. CDA achieved extremely high EGT increment of 
more than +250 ◦C, with only a minor BSFC penalty (<2.5 %). CCO gave 
an EGT increment of up to +101 ◦C, but with a BSFC penalty of up to 15 
%. Both generated similar in-cylinder thermal conditions under same 

boost pressure, but the differing valve profile in deactivated cylinders 
caused different outcomes for EGT, BSFC and emissions, due to the 
mixing effect. Raising boost pressure could improve BSFC and emissions 
(soot, HC and CO) to some extent, but reduces the EGT benefits. How
ever, the maximum achievable boost level is limited by the character
istics of turbocharger. Despite of noise, vibration and harshness arising 
from unbalanced cylinder firing in CDA and CCO, it can be effectively 

Fig. 28. Simulation results of engine-out emissions from CDA and CCO: (a) ΔNOx; (b) ΔSoot; c) ΔHC; and (d) ΔCO.  

Table 5 
Summary of VVA impact on ΔEGT; ΔIAF; ΔBSFC; ΔPMEP; combustion; and engine-out emissions.  

Category VVA ΔEGT ΔIAF ΔBSFC ΔPMEP Combustion effect EGT control mechanism ΔNOx ΔSoot ΔHC ΔCO 

Intake modulation EIVC ++ – + – More premixed 
combustion 

Air flow reduction 
(low heat capacity) 

— + + ++

LIVC ++ – -+ – – + + +

Exhaust modulation EEVO + -+ +++ + No major effect Combustion duration + ++ ++++ – 
LEVO + -+ +++ +++ + + + +

Internal EGR NVO ++ – +++ ++ Less premixed 
combustion 

Air flow reduction 
(low heat capacity) 

— ++ +++ ++

2EVO + – + – — ++ +++ +

Cylinder deactivation CDA +++ – -+ –  Increased heat 
release 

– +++ +++ +

CCO + – ++ + – ++++ ++++ +

ΔEGT (þ: increased temperature; –: decreased temperature) ΔIAF (þ: increased mass flow; –: decreased mass flow). 
ΔBSFC (þ: deteriorated or increased fuel consumption; –: improved or reduced fuel consumption) ΔPMEP (+: increased pumping work; -: decreased pumping work). 
ΔNOx / ΔSoot / ΔHC / ΔCO (þ: deteriorated or increased emissions; –: improved or reduced emissions). 
ΔEGT: + < 100 ◦C, 100 ◦C <++<150 ◦C, 200 ◦C <+++, ΔIAF: –<-30 %, − 30 %<-<-1%, − 1%<-+<+1%. 
ΔBSFC: − 1%<-+<+1%, +1%<+<+5%, +5%<++<+10 %, +10 %<+++, ΔPMEP: − 50 %<–<-10 %, − 10 %<-<0%, 0 %<+<+50 %, +50 %<++<+150 % +150 
%< +++. 
ΔEmissions: —<-90 %, − 90 %<–<-50 %, − 50 %<-<0%, 0 %<+<+50 %, +50 %<++<100 %, +100 %<+++<+400 %, +400 %<++++. 
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mitigated in diesel engines [59,60]. Equally, it has been demonstrated 
that smooth transient performance can be achieved without severe 
torque variations during the switching phase [61,62]. 

3.6. Comparison of all VVA strategies 

All VVA strategies have been evaluated at the same operating points 
under constant load conditions, enabling direct compassion. Table 5 
summarises the case-averaged effects of VVA on EGT, IAF, BSFC, PMEP, 
combustion and emissions. Additionally, Fig. 29 illustrates EGT-BSFC 
performance. These graphs highlight common characteristics. First, all 
VVA strategies indicate potential to increase EGT above the baseline, 
with the exception of CCO at Mode2, where EGT declined. Second, 
increasing EGT is always accompanied by increasing fuel penalty, 
regardless of engine operating point, but again with one exception: 
intake modulation at Mode3 showed better BSFC than baseline. In 
general, the fuel penalty is mainly associated with either high pumping 
work or degraded combustion, or a combination of both. Optimising 
combustion parameters can minimise the fuel penalty stemming from 
deterioration of combustion. In contrast, it is rather difficult to reduce 
pumping work, since it is determined by valve timing and profiles as 
well as turbocharger control. Nevertheless, combustion proved to be the 
dominant effect on BSFC in the present study, so optimising the com
bustion phase remains a viable option for minimising the BSFC penalty 
to some extent. 

Fig. 29 shows the general trend of a trade-off between EGT and BSFC, 
with a few exceptions. Real-world implementation demands that the 
most fuel-efficient options are considered. Fig. 29́s plots can be divided 
into two sub-regions to evaluate VVA strategy in terms of fuel efficiency. 
The ideal strategy will be located near the top left corner, indicating 
simultaneous high EGT increment and low BSFC penalty. This points to 
cylinder deactivation as our studýs most fuel-efficient strategy, since it 
elevated EGT by more than +250 ◦C, even with lower BSFC than the 
baseline. It is followed by intake modulation, with high potential of EGT 
increment above +150 ◦C and a minor fuel penalty of up to +3.5 %. The 
low BSFC penalty in both cases stems from low pumping work. Table 5 
shows that intake modulation also has the benefit of a relatively low 
emissions penalty compared to others. However, both strategies have 
further potential to reduce their BSFC penalty by optimisation, which 
was outside the scope of this study. Therefore, cylinder deactivation and 
intake modulation emerge as promising solutions for efficient exhaust 
thermal management. 

Poorer strategies are near the bottom right corner of Fig. 29, where 
EGT increment is rather low, but fuel penalty is excessive. Cylinder cut- 
out and exhaust modulation proved to be extremely inefficient in this 
study, with fuel efficiency deterioration of more than +15 % for an EGT 
elevation of no more than +100 ◦C above baseline. Hence, they should 
be avoided. Their poor fuel efficiency is due mainly to high pumping 

losses, indicating that the gas exchange process affected by VVA plays an 
important role in fuel efficiency. Suppressing their high fuel penalty 
would entail comprising their EGT increment by avoiding extreme valve 
modulation. This is applicable to all strategies. However, the latest 
research has demonstrated significant reduction of pumping loss in CCO 
is attainable by partial breathing of non-fired cylinders: this leads to 
similar EGT-BSFC performance as CDA [63]. The present study applied 
only one VVA strategy at a time, but others have demonstrated a com
bination of more than two VVA strategies could minimise the BSFC 
penalty and maximise EGT [29,33,64,65]. 

The most promising VVA strategies revealed by this study are to be 
subjected to experimental verification in follow-up work. The simulation 
activities continue towards model-based co-optimisation of different 
strategies, and extending into advanced combustion concepts such as 
low temperature combustion. 

4. Conclusions 

This study investigated all promising VVA strategies (intake modu
lation, exhaust modulation, internal EGR, cylinder deactivation and 
cylinder cut-out) to evaluate their potential for efficient exhaust thermal 
management at low-load conditions. Notably, such a comprehensive 
analysis has not been conducted for a state-of-the-art off-road engine 
platform in any other published study to date. The combination of 
cutting-edge model-based investigations and meticulously conducted 
validation experiments provides significantly greater insight than 
afforded by standalone engine testing in prior works. The key findings 
improve the fundamental understanding of VVA’s mechanisms and their 
interaction. The results support the assertion that it is feasible for the 
next generation of engines for non-road mobile applications to meet the 
substantially tightened emission limits anticipated by the EPA Tier 5 
legislation. These findings can be summarised as follows: 

• All strategies supported by a fully-flexible VVA system have a posi
tive effect on increasing EGT, but fuel efficiency and emissions are 
mostly negatively affected (trade-off).  

• The most efficient VVA strategies are CDA and intake modulation. 
Both could elevate EGT by more than +150 ◦C, facilitating efficient 
catalytic conversion, with minor negative or positive effect on fuel 
consumption.  

• CDA has the best EGT/efficiency ratio. Under challenging conditions 
of high engine-speeds and low loads, where achieving high conver
sion rates is particularly difficult, one can simultaneously improve 
the fuel economy by 2.5 % while achieving EGT increment of 166 ◦C. 
Alternatively, adjusting waste-gate settings, gives as much as 245 ◦C 
elevation in EGT with statistically same engine efficiency. 

Fig. 29. EGT-BSFC performance: (a) Mode1; (b) Mode2; and (c) Mode3.  
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