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REACTIVITY CONTROLLED COMPRESSION IGNITION FOR CLEAN AND
EFFICIENT SHIP PROPULSION

ABSTRACT

Reactivity Controlled Compression Ignition (RCCI) is commonly mentioned as a potential efficient and clean
combustion concept. This study makes the first evaluation of natural gas-diesel RCCI combustion for mid-speed
marine engines.

A state-of-the-art dual-fuel engine with 350 mm bore diameter is the basis for numerical simulations. GT-
Power is used to create a one-dimensional air-path model. RCCI is simulated using TNO’s multi-zone combustion
model incorporating detailed chemical kinetics. The simulations aim to optimize engine efficiency, with peak in-
cylinder pressure and emissions as constraints.

The study shows best-point Indicated Efficiency of 47.8% is achievable (@75% load) using RCCI mode on
stock engine hardware, while meeting IMO Tier I1I’s NOy limit. This performance is similar to the best contemporary
marine gas engines, but RCCI also provides additional methane and CO emission reductions. Thus, RCCI combustion
can meet Europe’s new rigorous Stage V limits, offering significant improvements in a marine engine’s GHG
footprint.

Crucially, the study indicates an engine using hardware optimized for RCCI could deliver outstanding
indicated efficiencies of 52%, with emissions of below 1g/kWh for all legislative species. This combination of high
efficiency and ultra-low emissions would make RCCI combustion an attractive proposition for future marine
propulsion and gen-set applications.

KEYWORDS: RCCI, mid-speed engine, marine, natural gas, simulation; energy optimization

1. INTRODUCTION

The 2020 global sulphur regulation will have a major impact on marine propulsion system development.
Over 70,000 ships [1, 2] must switch from Heavy Fuel Oil (HFO) to Marine Gas Oil (MGO) fuel with a low sulphur
content (0.1/0.5 %) or install a scrubber. The first option increases fuel costs: the second involves major investment
and eats into cargo space. And both options will also need the addition of urea-based Selective Catalytic Reduction
(SCR) system in order to meet International Maritime Organization (IMO) Tier III NOy limits. This entails extra
investment and adds the running costs of the SCR system (urea and maintenance). Additionally, mid-speed marine
engines still must prove compliance with upcoming restrictive emission legislation for European inland waterways
(Stage V) and for Chinese domestic emission control areas (China II) [3, 4].

Impending emissions legislation creates a strong drive for alternative, cleaner power options in maritime and
inland shipping. Liquefied Natural Gas (LNQG) is a short and medium-term alternative for conventional Compression
Ignition (CI) engines. LNG availability is increasing, it is cheaper than MGO and cuts CO2 (low carbon-content fuel),
soot and NO, emissions.

Contemporary gas propulsion systems use either a stratified charge (lean-burn) spark-ignited (SI) concept or
a dual-fuel (DF) approach. Lean-burn, spark ignited (LBSI) mid-speed marine engines are currently offered by
manufacturers such as Wirtsild [5] and Rolls Royce [6]. They use additional, low-pressure gas injection directly to
the pre-chamber to make the mixture locally rich and easily ignitable with a spark plug [7, 8]. Wartsild reported brake
thermal efficiencies (BTE) above 48% and peak load of 22 bar Brake Mean Effective Pressure (BMEP) for their 34SG
engine [5]. The engines meet the International Maritime Organization (IMO) Tier III limits.

Cho et al. offer a good overview of current SI gas engines research [9]. More recently, Shah et al. [10]
investigated the lean-burn SI concept for possible efficiency improvement. The authors used a single-cylinder research
engine modified from a Wirtsild 6-cylinder, 200 mm-bore mid-speed unit. The geometrical compression ratio (CR)



of 13 was used, while the effective CR was 12 due to the applied Miller timing. The study focused on optimizing the
pre-chamber to main chamber volume ratio and corresponding equivalence ratios. The investigation aimed at
determining the best efficiency/ NO, trade-off at one particular mid-load operating point. The optimum was found at
the main chamber A of 1.8 and relative pre-chamber volume of 2.4%. The authors reported that 51% Indicated Gross
Efficiency (Migross) i achievable with these settings while meeting Tier III’'s NOy limit. Other ways of improving the
efficiency of mono-fuel LB concept focus on sophisticated ignition systems to widen the lean operation window [11].

Wei and Geng provide a comprehensive review of NG/diesel dual-fuel combustion, emissions and
performance [12]. Minimizing NO, and soot emissions and achieving the greatest greenhouse gas reduction benefits
involves maximizing the NG-diesel blend ratio and combining it with lean operation for knock resistance and high
thermal efficiency. The so-called lean burn dual fuel engine (LBDF) engine operates with the air-fuel ratio around 2:1
and reducing the diesel pilot injection to around 1% of total fuel energy [13]. Combustion, despite compression ignited,
is dominated by flame propagation. This makes it similar to lean-burn SI engines, with similar benefits and
requirements for air-path configuration and control. The concept is therefore often referred to as liquid spark ignition.
The two concepts also share similar drawbacks: difficult controllability and large cycle-to-cycle variations, limiting
optimization potential [13]. The optimum high-load operational window is very narrow for both systems and limited
by knock and misfire. The additional advantages of a micro-pilot engine compared to SI are fewer hardware changes
(no pre-chamber with Direct Injection (DI) needed) and less frequent maintenance intervals because injectors last
longer than spark plugs. Capability to run 100% diesel if LNG is unavailable is another plus for an LBDF engine, but
often involves installing two separate injectors — one for main diesel injection, another for micro pilot [13]. LBDF
engines are currently offered by MAN Energy Solutions [14], Wirtsild [15] and some smaller manufacturers, as a
solution to meet marine IMO Tier III emission limits for mid-speed, large-bore engines [13]. Claimed efficiency levels
are comparable to equivalent diesels.

A few published studies focus on marine DF engine optimization [16-19]. Importantly, Sixtel et al. [18]
coupled an in-house combustion model with GT-Power to investigate LBDF combustion on methanol, taking NG
operation as the baseline. More recently, Stoumpos et. al. [19] used a similar approach (with Wibe model) to
investigate the emission reduction potential of the Wirtsilda 9L50DF platform using different engine measures. The
study showed that only a minor (6%) improvement potential in NO emissions is attainable within the LBDF concept.
The air-path constraints and methane slip tradeoff were identified as main limiting factors.

High-pressure Direct Injection (HPDI) of NG is an alternative DF strategy. In this mode, the diesel pilot is
the ignition source and low-reactivity fuel is injected directly into the diesel burn region. Combustion is therefore
primarily diffusion-controlled, as in diesel mode, imposing similar requirements for air-path control as for diesel
reference [20]. The emission characteristics (PM, NOy) are slightly different due to different fuel properties. For NG,
the adiabatic flame temperature is lower than with diesel, reducing NO,. However, NO, and PM reduction potential
is far less than with the premixed concepts mentioned earlier [21]. On the other hand, HPDI’s late-cycle injection and
non-premixed combustion give it an inherent advantage in terms of HC emissions (including CH, for NG concepts)
[22]. Due to its combustion similarities with a diesel engine, the concept is often referred to as gas-diesel combustion
(GD).

The difficulty with using NG as fuel in the HPDI/GD mode lies in compressing gaseous fuel to pressure
levels allowing fast injection around Top Dead Center (TDC). Gas-feed pressure in a range of 250-350 bars (depending
on engine load) is necessary to allow operation similar to diesel. That entails installing an additional high-pressure gas
compressor or a special LNG pump unit. This level of gas compression demands significant compressor power,
resulting in a brake efficiency penalty for the engine. Only a fraction of that compression power is needed for an LNG
liquid pump yet the available systems are so far unable to reach injection pressures above 300 bar [22]. However,
Westport and Bosch are currently independently developing systems capable of reaching 500 bar injection pressure
for automotive applications [23, 24]. Both Wirtsild and MAN made tests with GD engines [25, 26]. In both cases, the
engines required around 5% diesel energy share to initiate combustion. Only a slight decrease in engine efficiency
was observed compared with the baseline diesel operation. A NOy emission reduction of around 50% was reported,
meeting IMO Tier II level. Importantly, the concept tolerates fuel quality and no engine derating is required for a wide
range of NG fuel qualities.



A handful of alternative combustion technologies have emerged recently. Reactivity Controlled Compression
Ignition (RCCI) has shown significant advantages over other low-temperature combustion concepts like HCCI or
PCCI (respectively, homogenous and premixed charge compression ignition). RCCI uses two fuels, pre-blended in
the cylinder to create a reactivity gradient. A small amount of diesel serves as a high-reactivity fuel, injected very
early during the compression stroke. This gives good controllability, allowing load-flexible operation, while
maintaining high thermal efficiency with ultra-low NOy and soot [27].

Many research works have been published on RCCI with different fuels. This study’s review, covering the
use of NG as the low-reactivity fuel in larger RCCI engines (bore size > 120 mm), takes in 18 titles published until
the end of 2018. A major contribution comes from TNO [28-31]. Most of the published works are fundamental level
studies focusing on particular phenomena and sensitivities, not directly revealing the current status of this technology.
Most authors report best results for mid-load (9-13 bar BMEP) engine operation, proving either diesel-like efficiencies
with ultra-low (below Euro VI) engine-out NOy [32, 33] or 2-4 percentage points better efficiencies with a relaxed
NOy limit [34]. The average blend rate (BR) used for optimized conditions varied between 70% and 98 % depending
on engine load and hardware. High load is limited by excessive pressure rise rates and Py, [35], while efficient low-
load operation has low combustion efficiency from insufficient in-cylinder mixing [31].

Researching RCCI for marine engines, Garcia Valladoid et al. [36] tested a range of injection timings,
covering both LBDF and RCCI regimes. The experiments were performed on a single-cylinder research engine based
on the Wirtsila 20 DF platform with the same injection aperture. The geometrical compression ratio was 13:1 and two
load points were explored: mid-load operation with Indicated Mean Effective Pressure (IMEP) of 10 bar and a high-
load point (19 bar IMEP). For both cases, the global equivalence ratio was maintained at 0.5 without using external
Exhaust Gas Recirculation (EGR). Both points were initially optimized with energy-based BR of 88% and 95%
respectively. The engine incorporated Wartsila’s variable valve actuation technology, so late Intake Valve Closing
(IVC) reduced the effective compression ratio at high load. Despite the focus being mixture ignitability and cycle-to-
cycle variations in different fuel distribution regimes, the research showed retarding diesel injection timing is crucial
for ultra-low NOj levels in DF operation. It found optimized injection timings for a typical RCCI regime were 42-50
Crank Angle (CA) bTDC, where recorded NO, emissions were below Tier III limits.

Table 1 summarizes the review of the most relevant NG combustion concepts for marine mid-speed engines.
Note that trends presented for RCCI are extrapolated from heavy-duty road transport studies since little research on
RCCI operation in large-bore engines is available, except Garcia Valladolid’s [36].

Table 1: Typical trends in efficiency and emissions for different combustion concepts relative to a state-of-the-art diesel engine
Colors indicate performance change within a given category with respect to the best in class solution. Abbreviations: SI - spark
ignition, CI - compression ignition, MF - mono-fuel, DF - dual-fuel, BTE - Brake Thermal Efficiency, LB - Lean Burn, TRL —
technology readiness level.

Combustion principle | BR BTE | CO, | CHy | NO, |Fuel flex TRL Technological highlights
SI LB MF, pre- Premixed, flame 100 - 1 25- 1" 1 85- No Proven |Major complex modification with gas
chamber propagation 30% 90% technology fueling to each pre-chamber
CI LB DF, micro- Premixed, flame 120- 180-| .. . Proven Separate diesel injectors required for
. . 90-99% | = limited . . .
pilot propagation ¢ l 30% m 90% e technology micro pilot and diesel mode
CI DF HPDI, gas-| Non-premixed, spray 90-95% _ 120- - 1 30- Yes Prototype |High gas pressure (>300 bar) required
diesel flame ° 26% 50% technology | (LNG pump or booster compressor)
Part-premixed, reaction| | 20- | 80- High load limited by peak pressure
CI DF RCCI . 80-98% | = Y R h st .
kinetics ° ! 35% f 95% e esearch stagq and pressure rise rate

Table 1 shows that RCCI could offer better thermal efficiency than diesel but with ultra-low NO, CH,4 can
still be a challenge, though studies on heavy-duty truck engines showed that meeting Stage V for gas engines is feasible
without aftertreatment. Low methane slip and potentially better efficiency contribute to a significantly lower GHG



footprint for RCCI than the best diesel and gas engines. Furthermore, with typically smaller blend ratios than LBDF
engines, variations in fuel quality can be handled better and full diesel redundancy can be secured without the need
for a dedicated injection system.

Despite these advantages, except initial studies, RCCI on large-bore engines has not been openly
demonstrated. It might bring both additional specific benefits and specific difficulties. This work explores the
feasibility of applying RCCI combustion on typical, mid-speed, marine engines. The basis for the numerical simulation
is a dual-fuel engine. RCCI is simulated with the use of a detailed chemical kinetics model. The primary objective of
the simulations is to optimize engine efficiency, with NO4 emissions and peak in-cylinder pressure as engine design
constraints.

2. METHODS

Publicly available geometrical data of an MAN 6L.35/44DF engine [14, 37, 38] is used to build a GT-Power
representation. This state-of-the-art, Tier III engine is designed to accommodate the lean-burn dual-fuel combustion
principle using LNG and different types of liquid fuels. The set-up entails diesel fuel injected directly through a
separate pilot injector. Natural gas is admitted individually to each cylinder via a gas valve from a low-pressure system
(5 bar). Basic technical parameters are provided in Table 2 (Engine A).

The air-path model is further tuned to the in-cylinder pressure data, courtesy of MAN Energy Solutions. The
reference indication data came from a single-cylinder research version of the engine, operated on the test bench. With
exactly the same cylinder geometry, the proper intake conditions on a test rig are assured using an external compressor
and simulated exhaust backpressure to represent real engine operating conditions. The results of the GT-Power model
calibration are presented in subsection 2.1. To this end, the model is used to set up boundary conditions for running
RCCI on a large-bore engine platform, from the air-path perspective.

RCCI combustion was not explored experimentally on the given platform. The combustion model used to
simulate RCCI combustion was originally built and validated on a different engine platform, by TNO. This is a heavy-
duty truck engine adopted for RCCI operation with diesel and natural gas. Reference data is provided in Table 2
(Engine B).

Table 2: Technical data of the engines used to identify and validate the models. PFI - Port Fuel Injection.

Engine A Engine B
e 7 Large-bore, Tnlé—speed, 4 Heavy-duty t{'ucl'< size, 4
stroke 6-cyl in line stroke, 6-cyl in line
Combustion | | B diesel-NG RCCI diesel NG
mode
Rated power
530 kW/cyl at 720 rpm 50 kW/cyl at 1500 rpm
/speed
Co.mp TESSION 1 191 (geometrical) * 14:1 (geometrical)
ratio
. Variable geometry 2 x turbocharger, intake
Air path
1 pa turbocharger throttle, VVA
EGR path No High—pre;sure, cooling,
valve, variable bypass
Injection PFI gas, DI common rail PFI gas, DI common rail
system diesel diesel
*estimated based on cylinder geometry data provided in [37]

The combustion model referred to as XCCI is a multi-zone, chemical kinetics-based code meant explicitly to
simulate low temperature combustion modes like RCCI. For the purpose of the present study, the model was scaled-
up to represent Engine A. Since the model is physics-based and does not make assumptions about engine size and
speed that would disqualify its use for marine engines, it is considered adequate for the present work without re-
calibration. Note that the flexibility of XCCI on the choice of an engine platform has already been shown in control
applications by Indrajuana et. al. [39]. Relevant details of XCCI modelling are presented in subsection 2.2.



The XCCI model for a large-bore engine (engine A) is further used to explore RCCI combustion at
representative load points. The investigation aims to find the optimal efficiency point while meeting the set durability
and emission limits. This is further discussed in subsection 2.3. (Scope and workflow of RCCI simulations).

2.1 The GT-Power Model

GT-Power software by Gamma Technologies is used to simulate the performance of the engine. This is an
industry-standard, one-dimensional, physics-based engine simulation toolchain, widely used for supporting engine
(air-path) design process. The air-path model for the considered 61.35/44DF marine engine is built upon the standard,
6-cylinder, direct-injection diesel engine layout provided in GT-Power. Major changes incorporated into the base
layout include:

i.  cylinder geometry and valve lift profiles of engine A,

ii. pipe diameter and bends at various locations (manifolds, intake & exhaust runners, compressor outlet to
intake manifold and from ambient to compressor inlet, exhaust manifold to turbine inlet and from turbine
inlet to ambient),

iii. modifying the turbo and compressor maps,

iv. inclusion of an NG injector in each cylinder’s intake port.

Geometrical data for building the model comes from the MAN L35/44DF Project Guide [37]. The
turbocharger chosen for the 6-cylinder engine is the TCR20-42 model by MAN. For modeling the compressor and the
turbine, a standard turbocharger model is scaled up using the characteristic maps provided in the specification sheet
of the TCR20-42 [38]. Numerous studies indicate that more favorable conditions for RCCI can be achieved using high
EGR rates [28, 31, 34]. This is mainly related to (i) reducing mixture reactivity to avoid premature combustion and
(i1) possibility to elevate the thermal state of the in-cylinder charge at IVC (Tyyc) [34], which is an important factor
influencing combustion efficiency. For these reasons, a high-pressure EGR loop is added to the standard layout of the
6L35/44DF engine.

Figure 1 shows the layout of the developed air-path model, along with the signals used for both simulation
input and validation. The multi-cylinder GT-Power model is further tuned to experimental data available from a single-
cylinder engine. This is done for the high-load operating point, which is particularly challenging for the air-path. Table
3 shows the basic data of the selected operating point, relevant for the calibration process.

Table 3: Operating point data with signals relevant to the calibration process. SOI = Start of Injection, VTG = Variable Geometry

Turbocharger.
100% load — 20 bar BMEP
Engine BR SOI VTG | BPV PCYL
Speed diesel pos pos
RPM % CA % deg bar
720 base Base 57 90 f(CA)
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Fig. 1: High-level schematic of the GT-power model, along with the signals used as model input and for validation. The additional
EGR loop is shown in orange.

During calibration, the measured average pressure trace from 200 cycles, fuel consumption (both diesel and
NG) and SOI of diesel are used as input to the GT-Power model. Variable Turbine Geometry (VTG) position is then
adjusted to match the simulation results to the reference experimental data. The desired VTG position is obtained
when the simulated pressure trace, fresh air mass flow rate and gross IMEP (IMEP y455) match with the measurement
results within the cycle-to-cycle accuracy. Figures 2 and 3 give a high-level overview of the validation results in terms
of the mentioned parameters. Due to confidentiality restrictions, results are shown as relative quantities with respect
to the adopted peak pressure limit (Fig. 2) and the experimental value of the given parameter (Fig. 3).
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Fig. 2: The pressure trace in simulated in GT-Power for all 6 cylinders vs measured pressure trace from a single-cylinder setup.
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Fig. 3: Measured vs Simulated fresh air mass flow rate and IMEP gro5s averaged over 200 cycles. The results are shown as relative
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quantities with respect to the experimental value of the given parameter.

Figures 2 and 3 show the developed GT-Power model predicts fresh air mass flow rate, cylinder pressure and thereby
the IMEP 4,55 accurately. The validation results give confidence to use this model as a base for RCCI simulations.
The simulations aim to compare the performance of RCCI combustion mode with the baseline LBDF mode, on the
same engine hardware, including the limitations and losses associated with the air-path.

2.2 The XCCI combustion model

This section briefly describes the RCCI combustion model used in this research. The multi-zonal RCCI
combustion model, developed at TNO and called XCCI, has been previously introduced in [41, 29, 30]. XCCI has
also been instrumental in several of TNO’s concept studies and applied in model-based control development research
[31, 39]. For consistency, only the main features of this combustion model are presented in this section. The governing
equations are derived in [41] and, for informative purposes, provided in the appendix A.

The multi-zone model includes complex chemical kinetics computations with flexibility on number of zones,
fuels and reaction pathways. The current implementation of the model employs 13 cylindrical zones, with fine
discretization near the cylinder walls, to better reflect reactivity and thermal stratification associated with RCCI (Fig.
4). All zones at each time instance have individual temperature and composition while sharing the same pressure.
Interaction between zones occurs in the form of mass and heat transfer, governed by a diffusion-driven mixing model.
Turbulence enhances mixing and is captured in the model by a coefficient (Turbulent mixing coefficient - Ct)
multiplying on the gradient-based transfer. For the goal of the present study, the mixing coefficient is determined for
each operating point, based on an empirical correlation with intake pressure and engine speed [42].

The system exchanges heat with the environment across the cylinder head, piston crown (permissible for all
the zones) and cylinder liner (the outermost zone only). The process is assumed to be convection-dominated (gas to
wall) with the heat transfer coefficient calculated from the formula by Chang et al. [43], designed to calculate heat



exchange in low-temperature combustion engines. Initialization parameters such as the wall surface temperatures of
the piston, cylinder head, and liner are individually drawn from engine load, speed and coolant conditions. These
phenomena are illustrated in Fig. 4, along with the schematic view of the zonal configuration.

top £+ 23
I .+:+,_,
1 €
x| b

. <4 wall heat transfer
side

——> interzonal mixing:
heat and mass

Fig. 4: Graphical representation of the multi-zone RCCI combustion model with cylindrical zonal configuration.

Gaseous fuel is assumed to be homogeneously mixed with air at IVC. During injection, the liquid fuel is
introduced to individual zones based on the predefined distribution pattern. This reflects the reactivity stratification,
characteristic for early-injection RCCI. Note that the injection model includes heat loss due to fuel evaporation.
Combustion is assumed to be fully controlled by reaction kinetics. Reaction progress and the energy equation in each
zone are solved using an open-source chemical kinetic solver - Cantera [44], implemented directly to the MATLAB
code of XCCI. This study uses combined n-heptane (as diesel surrogate) and NG reaction mechanism, comprised of
65 species and 354 reactions. Specifically, n-heptane is modelled based on the reaction scheme of Peters et al. [45]
and the C1-C3 part of the chain is taken from the GRI 3.0 mechanism [46]. The GRI 3.0 scheme also supplies the
necessary reaction mechanism for NO, formation.

RCCI combustion is known to be sensitive to IVC conditions. For instance, natural changes in EGR
composition (especially unburned hydrocarbons and partially reformed intermediate species) from cycle to cycle can
influence combustion substantially [30]. In order to reflect these sensitivities to intake charge conditions, a detailed
valve flow model is coupled with the XCCI code. The simulations are run in a multi-cycle fashion until convergence
in resulting pressure trace is reached. Figure 5 shows the full simulation scheme, including relevant inputs and main
outputs of the XCCI model.

Input
intake manifold geometry, initial conditions, exhaust manifold
conditions: fuel injection parameters, conditions:
p, T, Y, (air, EGR, fuel) calibration parameters: diesel FD, C, pTY,
P il il bttt -
¢ \
I |
1 gasexchange gasexchange 1
| intake manifold combustion chamber exhaustmanifold |
| I
1 1\ 1
! EGR it :
composition 2 s 2 .
|‘ 9 Multi-cycle simulation untill
< convergence is reached /
___________________________________ b
N
Output

p, T, Y, etc. as a function of CA foreach zone

Fig. 5: Schematic view of the multi-zone model simulations.

The model was calibrated and extensively validated on TNO’s engine platform (Engine B). Detailed
information on methods and results of this work can be found in earlier studies [29, 30, and 31]. XCCI has proven to



be capable of capturing the in-cylinder pressure trace within cycle-to-cycle variations, for a wide range of operating
points, showing desired sensitivity on changes in SOI, BR, intake conditions and EGR. This translates to very good
accuracy in terms of combustion efficiency and emissions indicators, which are the focuses of the present study. Figure
6 shows high-level results of validation of the model for a representative RCCI load sweep (reproduced from [30]).
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Fig. 6: Validation results for engine B. Engine control related parameters and emissions - model (brick) vs experiment (blue), for
a combined load and BR sweep. Error bars indicate mean cylinder-to-cylinder variations. Emission values are relative to the
experimental value of case 1 [30].

For the current study, the validated model is fed with detailed geometry of the MAN engine (Table 2, engine A). It is
assumed that since the model is physics-based, its veracity in terms of heat release rate and resulting indicated
efficiency (the study’s focus) is maintained on a new geometry. Appendix B provides justification of this assumption
and results of the functionality check performed on the scaled-up model.

3.3 Scope and workflow of RCCI simulations

Previous studies by the authors [28-30] gave an insight into the key parameters that influence efficiency and
emissions of a NG-diesel RCCI engine. Amongst them, the Ty, the air-fuel equivalence ratio (A), the SOI and the
BR showed dominating effects. For each of the characteristic engine-load points (25% to 100% load), the above
parameters are swept in combination with each other. The range of sweeps is based on TNO’s experience with RCCI
systems, which suggests a focus on high-A operation, elevated intake temperatures and BR increasing towards high-
load points. On top of that, the use of (uncooled) EGR allows extending the upper limits in Tyyc while sacrificing
achievable A. Hot EGR strategies have proven effective in reducing CH, emission at low engine-loads [31,40]. At the
same time, excessive peak pressures, which prove to be the main issue for efficient high-load RCCI operation, can be
reined back by applying cold EGR. These considerations have guided the design of simulations for three air-path
control strategies: lean-burn RCCI strategy without EGR; with light (20%) EGR; with heavy (40%) EGR.

The experimental matrix for this study consists of 5670 simulation cases. Table 4 shows the scope of the
simulations, covering all three strategies and four load points. For computational efficiency reasons, the complete set
of designed simulations was run using the XCCI model, decoupled from GT-Power (see Fig. 7). This enables easy
parallelization of the simulation tasks on TNO’s multi-core computation cluster.

Extremum-seeking is performed to designate the best-performing RCCI conditions. Indicated specific NOy
emissions at Tier III level (2.4 g/kWh for the adopted engine speed of 720 rpm) and P, limit of 180 bar are applied
as design constraints for this task.



Table 4: The full scope of XCCI model simulations; n — denotes number of points explored within the sweep range.

Load point 100% 75% 50% 25%
Reference IMEP 20 bar 15 bar 10 bar 5 bar
Sweep Unit |Range| n | Range| n | Range | n | Range | n

parameters

331- 331- 331- 321-
Tive K 1| O 3 [ O] se | 4] ss |4
0% A - [1.826] 5 |1.8-28] 6| 1.8-2.8| 6 | 1.8-2.8| 6
EGR | BR % |75-95[ 5 [75-95| 5| 70-90 | 5| 60-80 | 5
sor | A l6s35| 3 [6535(3 | 653536535 |3

bTDC

Combinations 450 450 360 360

340- 340- 340- 330-
Tive K 300 | ¢ 380 [°] 380 | 2] 370 |3

20% A - |11-17] 5 [1.1-19] 6 [ 1.1-2.0] 7 | 1.1-2.1

EGR [ BR % [75-95] 5 ]75-95[ 5| 70-90 | 5| 60-80

sol | ©A |6535] 3 [65-35| 3] 65353 65-35 | 3
bTDC
Combinations 450 450 525 600
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The optimized points are further re-simulated using the developed GT-Power engine model. The diesel and NG
injection rates and the burn-rate, post-processed from the XCCI model results, serve as inputs for the GT-Power
simulation. The VTG, the intercooler bypass, and the EGR valve positions are further co-optimized to reproduce the
IVC conditions of the corresponding XCCI subcase. If the given A/EGR/Tyc conditions are not achievable with the
adopted hardware, the extremum-seeking procedure is repeated with additional constraints on maximum achievable
mixture strength and intake temperature for a given EGR strategy. For improved clarity, the procedure discussed above
is explained in Fig. 7. As a result of this procedure, a best-performing RCCI combustion point is designated.

Note that similar optimization approaches have been applied for marine dual-fuel engines [17- 19], yet never
focused on incorporating the RCCI technology. Furthermore, the in-house combustion model that is used here (multi-
zone with detail chemical kinetics and inherited emissions) by necessity, is by far more detail compared to the
models that were fit for the purpose of [18] (2-zone, phenomenological, no emissions) and [19] (single zone,
Wiebe).
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Fig. 7: Block diagram representing the simulation workflow.

2.4 Definitions and post-processing methods
In this subsection, several engineering definitions are introduced for the purpose of analyzing and discussing
the simulations results in the next chapter. Note that the BR definition used consistently in this study is energy-based:

mygLHV yg
" MaiesellHV gieser + MncLHV ng (1.

BR

The terms in Eq. 1 stand for mass flow rates (1) and lower heating values (LHV) of NG and diesel respectively.

The raw simulation results of the XCCI model are given in terms of pressure, temperature, volume and
mixture composition for each zone and at each timestep. Emissions such as NO, and CO, in ppm (parts per million)
are calculated from the zone-averaged cylinder composition at Exhaust Valve Opening. The concentrations of
individual hydrocarbons and CO at this point are taken to calculate combustion efficiency. This is done with the
simplifying assumption that all of the unburned HC, except the CH,, are diesel fuel particles. Then, the combustion
efficiency becomes:

mCH44,resLHVL‘H4 + mCO,resLHVCO + mNMHC,reSLHVdiesel

Neomb MaiesetLHV gieset + encLHV ene )

The m terms with subscripts: “CHy,res”, “CO,res”, and “NMHC,res” represent the concentrations of the corresponding
species at EVO recalculated with the total exhaust flow to the adopted convention of mass flow ([kg/s]).

HRR is calculated using a standard procedure based on the first law of thermodynamics, well described by
Heywood [47]. A constant ratio of specific heats (y=1.37) is used. The net HRR is corrected with heat transfer to the
walls (calculated from the model), to give the gross HRR, which is presented in the following sections. Furthermore,
the gross HRR serves as the basis for the calculation of cumulative heat release (CHR) and determination of CA10
and CAS0 (crank angle at 10% and 50% heat released, respectively). The IMEP 4455 is calculated by integrating the
pressure signal through the closed part of the cycle. Indicated gross efficiency is defined as:

1
/2 IMEP o5 Vaisp N
1197055 = Tngiesetl, HV giosot + tncLHV v ().




where Vi, is the displacement volume and N denotes the engine rotational speed.

Air-path modelling allows the complete efficiency breakdown of the engine to be discerned at the given
operating point. The direct result of the GT-Power simulation is the full-cycle, in-cylinder pressure trace calculated
for each of the six cylinders. The net indicated efficiency (met) is calculated, from the cylinder—averaged pressure
data, according to the same routine as described, for the closed part of the cycle (Eq. 3).

The pumping losses (Pump,ss) are defined as the difference between the Nmer and Ngross. The efficiency
breakdown includes the loss of power contained in the exhaust gas exiting the system. This is calculated as an
aggregated sum of all aforementioned energy streams subtracted from the total fuel energy introduced to the system
(the denominator in Eq. 1, 2 and 3). The resulting exhaust losses can be written in the following form:

Exhioss =1 — (Migross +Combjoss + Heatoss +Pumposs) 4),
where the terms Comb,,ss and Heat,ss denote combustion losses (defined as unity subtracted by Eq. 2) and heat
losses threw cylinder walls (calculated from the instantaneous heat transfer model of XCCI) respectively.

Note that the brake efficiency is not discussed here, since the goal of the work is to assess the effect of RCCI
combustion with the respect to the state-of-the art hardware. With the same hardware and same p-max constraints, the
overall friction losses of the baseline LBDF platform and its RCCI twin are considered very similar.

3. RESULTS AND DISCUSSION

The discussion of the results follows the structure of the diagram in Fig. 7. First, the efficiency maps resulting
from the XCCI combustion simulations are discussed along with the considered NO, emission, peak pressure and air-
path (A / EGR / Tyyc) constraints. This is done for selected operating points to identify favourable conditions for RCCI
combustion on large-bore engines. Next, in subsection 3.2, the optimized RCCI operating points are discussed and
assessed against the baseline LBDF combustion concept. This part of the discussion is focused on efficiency and
identifying the associated energy losses. The 75% load point (without EGR) is selected for detail analysis because it
is frequently used in an off-shore ship operational profile [48]. This point serves as a basis for exploring efficiency
improvement measures, discussed in subsection 3.3.

3.1 Efficiency maps and operational constraints

This subsection discusses the optimization space of the simulated engine at a representative operating point.
All results for the given load/EGR point (Table 4) are presented in the form of maps of parameters relevant for the
purpose of the present study. This includes 7;gr0ss as an optimized parameter and the peak pressure with NOy emissions
as optimization constraints. Each of the indicators is mapped in terms of the optimization variables, separately for the
ones that are air-path (A, Tryc) and fuel-path related. Due to a large amount of data, the discussion is based on the
results of the 75% load case. Note that the optimization results for the other operating points are included in Appendix
C. The discussion is supplemented by remarks on operating constraints resulting from the adopted engine air-path
configuration.

The maps for the 75% load operating point, for both the non-EGR and 20% EGR RCCI cases, are presented
in Figures 8 and 9 respectively.
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Fig. 8: Efficiency, peak pressure and NO, emissions for the 75% load / no-EGR case mapped on the optimization parameters
matrix. The left and right plots show the maps with respect to the air-path and fuel-path variables respectively.

One can observe from Fig. 8 that the contour areas of indicated efficiency do not cover values exceeding 35%. Note
that the actual efficiencies of the optimized points are significantly higher (see Fig. 11 in subsection 3.2). However,
since the optimization relies on a multidimensional matrix of variables, each point of the individual map is actually
an average of multiple points with different performances. To be exact, for a given value of A and Tyyc this is the
average of points with different BR and SOI. Thus, the efficiency values in Figures 8 and 9 highlight the areas of the
map where the results of RCCI combustion generally tend to show increased performance. The same applies to the
maps of the peak pressure and NO, emissions.

Considering the above remarks, the best efficiencies for RCCI are achieved for high Tyyc and early injection
timings with energy-based diesel content around 20%, as evident from Fig. 8. However, the peak pressure and NOy
emissions also tend to maximize in the same region, indicating a strong trade-off relationship. On the other hand, the
best point within the adopted NO, and P, limit is, at the same time, the global efficiency optimum. This shows that
the optimization is not constrained by the adopted limits. Note that this is not the case for the full load, for which the
simulation results indicate very high values of peak pressures achieved over the whole optimization space (Fig. A3).
On the contrary, for the low-load operation (Fig. A4) the maximum attainable pressures are not exceeding 80 bar for
any investigated point and the high NO, emission regions do not overlap with high-efficiency regions. Note however
that the gross indicated efficiencies are lower, compared to the high-load points. This is discussed in more detail in
subsection 3.2.

Figure 9 shows the maps for the 75% load point with 20% EGR. The EGR addition extends the high-efficiency
area. At the same time, however, the high NO, and peak pressure regions extend significantly. Additionally, the global
best-case scenario with EGR results in around 0.25 percentage point lower indicated efficiency compared to the best
efficiency case without EGR, due to slower combustion.



Gross Indicated Eff. [%)] Gross Indicated Eff. [%]

390 -35
D GIE %) 30 30
380 X best point X -40
X best point - limits 25 25
g 370 best point - atainable 20 g -45 20
'_5 360 s 5% s
350 o N 55 | G GIE [%] o
X best point
340 5 -60 > best point - limits x 5
best point - atainable
330 0 -65 0
1.2 1.3 14 1.5 1.6 1.7 1.8 1.9 2 21 22 70 75 80 85
Al BR [%]
P max [Pr] " P, ax [Par]
390 o -
ODF,,, bal ﬁ 120 . 120
380 X best point - 110 ~40 110
3704 %  bestpoint- limits — X~ 45
< best point - atainable 5 100 6 100
0 360 o ] - ——— =50
= g o 920 o) 90
8 » B 55 | @DF,., b L
X best point
340 70 -60 X best point - limits X 70
best point - atainable
330 60 -65 60
1.2 1.3 14 1.5 1.6 1.7 1.8 19 2 2.1 22 70 75 80 85 920 95
AL BR [%]
NO, [g/kWh] NO, [g/kWh]
~
© 0, ki
X best point 6 6
X best point - limits g
< best point - atainable I
e 4 O, 4
3] =,
2 o)
= D g5 | @PNO, kwh]
2 X best point 2
-60 X best point - limits X
best point - atainable
0 -65 0
1.2 1.3 14 1.5 1.6 1.7 1.8 1.9 2 21 22 70 75 80 85 90 95
Al BR [%]

Fig. 9: Efficiency, peak pressure and NOy emissions for the 75% load / 20%-EGR case mapped on the optimization parameters
matrix. The left and right plots show the maps with respect to the air-path and fuel-path variables respectively.

The highest efficiency is attained with high EGR percentage and high A. This, however presents the challenge for the
air-path. In order to explore the boundaries of maximum achievable EGR ratio, within the constraints of A, GT-Power
simulations are performed. This involves scaling of the maps for the turbine and compressor, followed by a sweep on
the VTG position. Figure 10 shows the variation of A and EGR (internal and external) as a function of VTG position.
It is clear from that figure, that the maximum achievable EGR ratio, for the 19 Bar IMEP point, is only 20%, if the A
constraint of 1.5 is to be maintained. For the 16 bar IMEP point, the situation is similar. The only feasible point is at
the VTG position of 0.6, which corresponds to a global A of 1.9 and EGR ratio of 22%.

The best efficiency point meeting both NO, and P, constraints, after including the turbocharger hardware
limits, is marked in Figure 9 (75% load / 20% EGR) by the cyan cross. The maximum EGR ratio attainable for RCCI
operation, with the stock turbocharger configuration, while having a reasonably high A, is 20%. Under such conditions,
it is not possible to achieve higher efficiencies or lower emissions compared to the non-EGR strategy. For this reason,
the 40% EGR strategy explored in the XCCI simulations is considered unrealizable with the discussed hardware and
consequently, is not further evaluated with GT-Power in the present study. Finally, note that the adopted Tjyc and A
ranges, for all non-EGR RCCI load cases, are achievable with the current hardware setup.
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3.2 Best efficiency points for stock hardware configuration

This subsection discusses in more detail the results of the optimization procedure applied to the XCCI
simulation outputs, according to the workflow presented in Figure 7. The selected RCCI points, constrained by
indicated efficiency-optimized and peak-pressure/emissions, have been simulated with GT-Power to provide full
energy breakdown analysis. The operating conditions associated with the cases discussed in this chapter are
highlighted in Table 5.

Table 5. Basic operating conditions for the optimized cases discussed in this chapter.

Load Case Case Tive & SOl BR
point no. description K] [] [CA] (%]
bTDC

1 no EGR 381 22 -38 93
100% 2 n0 EGR 1 Ppax 371 2.4 -60 88

3 20% EGR 371 1.6 -36 78

4 no EGR 371 2.6 -60 83
75%

5 20% EGR 371 1.8 -36 83
50% 6 no EGR 361 2.8 -60 73

7 no EGR 351 2.6 -60 58
25% 8* 20% EGR 371 2.5 -60 58

9% 40% EGR 381 22 -60 58

* XCCI results only - not re-simulated in GT-Power

The results of optimizing RCCI operation for different engine load demands and different strategies are
summarized in Figures 11 and 12. Figure 11 presents the results in terms of efficiency breakdown (eq. 2-4) including
pumping, heat transfer and combustion losses. It is clear that the RCCI concept has the best indicated efficiency point
at 75% load. For the non-EGR case, gross efficiency reaches 48.4% (sum of indicated net efficiency and pumping
losses). At this point, the optimal combustion phasing is not heavily constrained by excessive peak pressure, which is
the case for full-load operation. At the same time, high Tyyc and high turbulence, invoked by the boosted operation,
support good combustion efficiencies. Lowering both those parameters, by the necessity of keeping the air-path
constraints (Tyc) and proper A (boost pressure), limits the combustion propagation and thus negatively affects
combustion efficiency at lower engine-loads. Combustion efficiency decreases consistently with engine-load, from
almost 98.8% through 96.3% to only 91.2% respectively for engine loads of 75%, 50% and 25%. Table 5 shows that
the lower-load cases optimize for significantly lower blend ratios. This is the manifestation of the optimizer attempting
to reach better combustion efficiency. The low BR (i.e. more diesel) increases global mixture reactivity, supporting



more complete combustion. These results confirm that the typical issues arising in partial-load RCCI in heavy-duty
engines [31] are also present in large-bore systems.
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Fig. 11: Full efficiency breakdown analysis (including friction,) for best-performing RCCI points, across typical load conditions.
Stock hardware.

For the base RCCI case at full load (case 1), the gross indicated efficiency is 47.4% which is 0.9 percentage
point lower than the lean 75% load case (case 4). Note that this is despite combustion efficiency improving as engine-
load increases. This suggests that the combustion phasing is not optimal (compare with Fig. 13), while the engine is
operating in RCCI mode at full load. Confirmation of this observation can be found in a comparison of the exhaust
losses, which are significantly larger in case 1 than in case 4. Note that, in terms of net indicated efficiency, the result
of 100%-load base RCCI case is similar to the baseline LBDF concept re-simulated with GT-Power. If peak pressure
constraint is relaxed (Fig. 11, elevated P,,.x), higher A is attainable (Table 5) and better combustion phasing is realized
(Fig. 11). Together, they contribute to lower exhaust losses and thus higher 1;4r0ss 0f 48%.

Introducing EGR does not allow better RCCI efficiency at high load (see Fig. 11, 20% EGR case). The
suspected advantages of reduced peak pressures and NOy emission levels, giving theoretically wider efficiency
optimization potential, are not confirmed in this study. The optimized EGR operating point is at a low A of 1.63, due
to air-path limitations. At the same time, late injection and low BR (73%) are necessary to keep proper combustion
phasing and P, within design limits (Fig. 13). Exhaust losses are particularly high for the high-load EGR strategy,
resulting in 44.51% and 42.35% gross and net indicated efficiently respectively.

The trends in combustion efficiency manifesting in Fig. 11 are confirmed in the results of THC emissions
presented in Fig. 12. The main challenge for LBDF when facing Stage V legislation lies in HC and CO emissions, but
Fig. 12 shows high-load RCCI is realizable with ultra-low THC and CO emissions. Note that the model does not take
the crevice volume explicitly into account, and in reality, emissions of both compounds can be slightly higher. The
author’s experience with RCCI suggests achieving high-load THC emissions lower than 1 g/kWh is hardly possible.
Nevertheless, the conclusion to be taken from the results illustrated in Fig. 12 is that lean RCCI combustion strategy
for high loads in mid-speed engines has the potential to meet Stage V emission limits. Note that for 100% and 75%
loads this particular realization of RCCI allows for further THC emission reduction if EGR is employed. This comes
at the expense of greater CO emissions, hindering overall emission reduction potential.

Figure 12 illustrates that THC and CO emissions become increasingly challenging for RCCI as engine-load
is reduced. THC emission for the 25%-load case is excessive and over 18g/kWh. The 50%-load RCCI case, however,
still exhibits lower THC and CO emissions than the reference, high-load LBDF case. In terms of NO,, the results are
in all cases below the Tier III limits. Achieving a further reduction of NO;, towards Stage V level, should be possible
for RCCI without a large efficiency penalty.
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Figure 13 provides additional information on the combustion phasing, combustion duration and peak
pressure, supporting the statements about the indicated efficiency results. The CAS0 retards from the optimal setpoint
(around TDC) for all full-load RCCI cases in order to mitigate excessive peak pressures. Allowing for higher P,
already reduces the CAS0 from 12.2 CA to 6.1 CA aTDC. This, more optimal, combustion phasing explains the 0.7
percentage point increase in indicated efficiency for the elevated P, strategy over the baseline RCCI. Note that
combustion duration (Fig. 13), mixture strength (Table 5), and combustion efficiencies (Fig. 11) are similar in both
cases. This effect is escalated at 75% load, where the P, is not constraining the ability to optimize for combustion
phasing (the best efficiency point under constraints is also the global optimum for the given configuration). At this
load point, the CA50 value is close to its optimum at TDC and the combustion duration (defined here as the distance
between CAOS5 and CAS50) reaches saturation at around 25 CA — similarly for the optimum 100%-load points. Fast
combustion supports achieving higher indicated efficiency. Furthermore, the combustion duration seems to be the
minimum attainable for the RCCI combustion with the considered large-bore engine hardware setup. Note that both
addition of EGR and reduction of engine load below 75% elongate the combustion duration. This is because EGR
reduces mixture reactivity, while lower engine loads are associated with lower boost pressures and hence less in-
cylinder turbulence.
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Despite EGR failing to improve RCCI performance at high loads, the simulation results show considerable
benefits for EGR at lower engine loads. Figure 14 focuses on the 25%-load case, comparing results without EGR,
with 20% EGR and with 40% EGR. These cases are not simulated in GT-Power, so only gross indicated efficiencies
are provided to give a broad view of the potential of hot EGR-based RCCI for low-load operation.
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Fig. 14: Efficiency breakdown for 25% load cases. Note that the EGR realizations are not simulated in GT-power, thus the
breakdown includes only the results of the closed part of the cycle.

Figure 14 shows that adding even mild EGR reduces combustion losses by more than half, giving a 1.5 percentage
point indicated efficiency improvement. The effect is reinforced with the heavy EGR strategy. The combustion
efficiency improvement comes from: (i) increased Tyyc (see Table 5), (ii) reintroduction of unburned hydrocarbons to
the cylinder. For the second mechanism, the EGR contains some reformed hydrocarbons (like aldehydes) which have
additional combustion-promoting effects [49]. Note, that the efficiency improvement can be attained if sufficiently
high A can be maintained while EGR is introduced (Table 5).

3.3 Efficiency improvement potential with hardware changes



All the above results come from employing RCCI on stock hardware, with or without optional EGR. This
section discusses how changes to the basic hardware can further improve the considered large-bore RCCI engine
platform. In search of brevity, this is examined in detail for only one of the basic measures: optimization of
compression ratio. Other more sophisticated RCCI improvement measures are mentioned in brief.

3.3.1 Compression ratio optimization

The benefits of introducing higher (diesel-like) CR for improving NG-diesel RCCI performance were
reported by Splitter et al. [S0]. The maximum attainable theoretical efficiency of the engine cycle depends directly on
CR and mixture strength. Furthermore, higher CR produces higher compression temperatures and pressures,
supporting faster and more complete RCCI combustion [50]. The baseline engine (Engine A) has a low CR of 12.2:1,
imposed by the characteristics of LBDF combustion where A is limited (maximum A around 2) by misfire limit. At
such mixture strengths and high BR (necessary to reduce NO,), the CR has to be lowered to avoid knock [51]. In
RCCI, with lower BR and higher intake temperatures the misfire limit is by far extended, and the efficiency optimizes
for much leaner mixtures (Table 5 - A between 2.3 and 2.6, depending on the operating point). This enables higher CR
if the engine was designed explicitly for RCCI. Note that TNO has successfully demonstrated full-load, NG-diesel
RCCI on a heavy-duty platform with geometrical CR of 14:1 [28].

Figure 15 shows how changing the geometrical CR in the discussed large-bore engine effects RCCI
performance at the previously optimized 75% load point. Black circles represent a “clean” (no other parameter was
changed) CR sweep from the baseline CR of 12.2 to 15.2. It is evident that elevating the CR has a positive impact on
both indicated and combustion efficiency, implying lower HC and CO emissions. Note, however, that the indicated
efficiency improvement potential is hindered by changes in combustion phasing. The CAS50 is shifted before TDC,
imposing additional work on the piston during compression and thus limiting the effective work and contributing to
excessive peak pressures. In this case, the shift in CA50 results mainly from the over-accelerated start of combustion,
which can be mitigated by engine measures. From the results of the sensitivity analysis (Appendix D), one can see
that especially elevating the BR (Fig. A7) and lowering TIVC (Fig. AS) can be used to retard the combustion phasing.
Both strategies are beneficial for mitigating NOy, which tends to increase significantly with elevated CR (Fig. 15).
Additionally, a higher BR means less diesel consumption and so is favourable from an economic perspective.
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Taking the above into account, the results of optimizing the CR together with the BR and Tyyc are shown in Fig. 15
by red crosses. This refers to the results with no additional constraints on peak pressure or NO, emissions. One can
note, that the almost linear trend in indicated efficiency can be maintained for the explored CR range. A superior
52.2% gross indicated efficiency can be obtained for CR of 15.2. Figure 15 reveals that this is attained mainly by
keeping the combustion phasing close to the optimized setpoint. Note, that the proper combustion phasing is assured
with increasing the BR while maintaining the Tryc as high as possible. When the BR reaches around 92%, further
increasing it results in a rapid drop in combustion efficiency, despite the CR increase. Thus, beyond this point, the
Trvc is reduced to keep the phasing in line. Importantly, the BR increase deals with the NO, emissions, which is
evident from Fig. 15. Although optimizing the BR and TIVC to some extent hinders the peak pressure increase
associated with a higher CR, the imposed P, limit is still exceeded if CR goes beyond 13.2.

Blue diamonds in Fig. 15 indicate the best efficiencies achieved for various CRs while imposing additional
peak pressure constraint on the optimization. Note, that achieving 51.8% gross indicated efficiency with CR=15.2
while keeping the P, below 180 bar is possible. This is achieved by balancing the CR effect with both BR and Tyyc,
allowing for slightly retarded combustion (consult CA50 plot in Figure 15). In this case, any combustion efficiency
gain caused by higher CR is hindered by lowering the temperature. Indicated specific CO emissions are slightly
reduced compared to the base case but this mainly results from higher efficiency and not from reduced CO
concentrations in the exhaust.



3.3.2 Other potential efficiency improvement measures

Summarizing the findings on CR adjustment, optimum RCCI combustion with high efficiency and low
emissions (NO,, THC, and CO) is achieved by operating lean, yet taking care that no over-dilution takes place. Proper
combustion phasing should be maintained by sufficiently high Tyc and optimizing BR. The CR can be increased for
partial loads to elevate the end-compression temperature and to speed up combustion. Both Variable Valve Actuation
(VVA) and Variable Compression Ratio (VCR) technologies give the flexibility in the CR compression ratio by either
changing the geometrical value of this parameter. Alternatively, using the Miller cycle is another option, providing
there is sufficient boost reserve. For detail discussion on the effect of different VVA strategies on RCCI combustion,
see the work by Mikulski et al. [31].

Previous research has shown that RCCI efficiency is largely dependent on the in-cylinder turbulence level
[30, 31, 52]. Higher turbulence supports faster mass transfer from the igniting, diesel-rich regions to less reactive
areas. As aresult of the combustion, initiating near the cylinder walls is generally faster and is able to propagate further
into the inner parts of the cylinder, which have the lowest reactivity. Both the shorter and the more complete
combustion are conducive to higher indicated efficiencies. Simulation results regarding turbulence effect on the 75%-
load point are presented in appendix D. In-cylinder turbulence can be enhanced by design (intake port/valve and
combustion chamber redesigning [53]) or via adjustable measures like variable intake valve opening [31].

The local reactivity gradient of RCCI can be influenced by changing the BR and diesel injection parameters.
Introducing direct injection of natural gas instead of the standard PFI system would allow additional control by means
of low-reactivity fuel stratification. A simulation study by Mikulski and Bekdemir [30] showed that considerable
benefits can be attained for low-load RCCI efficiency if natural gas is highly stratified in the cylinder, but the strategy
has not yet been experimentally demonstrated.

Finally, the reactivity of the fuel mixture can be globally changed to improve combustion efficiency. This
can be done by either pre-blending natural gas with other, more reactive gasses (ethane) or by introducing onboard
fuel-reactivity enhancement techniques, such as external fuel reformers [54]. Alternatively, fuel reforming can be
achieved in the recompressed exhaust gases during negative valve overlap [55]. To this end, VVA is used to switch
between negative and positive overlap, depending on the operating point.

All these measures (VVA/VCR, direct injection of low reactive fuel or fuel reforming) add considerable
complexity and cost. Another option may be to combine multiple combustion concepts. If keeping geometrical CR at
a moderate level it might be possible to use LBDF for the lower part of the operating range (CR would be on the high
end with good efficiency) and employ RCCI for the high end (CR would be low enough to allow high A without
exceeding maximum pressure constraints). Another interesting mode-switching alternative is to combine the benefits
of RCCI at partial loads with HPDI (gas-diesel) combustion mode for reducing methane slip at low loads. A feasible
method for RCCI mode switching control has been demonstrated by Indrajuana et al. [39].

4. CONCLUSIONS

This study assesses the feasibility of Natural Gas — Diesel RCCI combustion as a potential solution for next-
generation marine engines. This is done by simulating the concept's performance on the 350 mm bore, mid-speed
engine platform. The simulation applied an engine hardware configuration similar to the one used for so-called Lean-
Burn Dual Fuel (LBDF) combustion, one of the current solutions that meet the IMO Tier I1I emission regulations. The
conclusions are as follows:

Lean RCClI is achievable with the current dual-fuel engine hardware. The operation is not limited by attainable A
or IVC temperature. Emissions are within the IMO Tier III emission limits and efficiency under high-load conditions
is similar to the reference LBDF combustion. Best RCCI efficiency is demonstrated at 75 % load, where high (close
to 99%) combustion efficiency can be achieved and excessive peak pressures do not limit the optimization regime.
Simulated net indicated efficiency is 46.5% at this point.

Using the existing engine hardware, RCCI’s advantage over the baseline LBDF concept is lower CH,; and CO
emissions at high loads, potentially allowing it to meet the rigorous European Stage V legislation for inland waterway



vessels. The disadvantage is the need to keep the Blend Rate at 80%-90% compared to LBDF’s 95%-99%. With
current prices of natural gas and diesel, this makes LBDF beneficial in terms of operational costs.

The simulation results confirm that RCCI’s poor combustion efficiency at low loads, previously noted in studies
with a heavy-duty truck engine, is also evident in the considered large-bore engine. At 25% load, increasing the
combustion efficiency beyond 92% is not possible with the stock engine hardware. Employing hot EGR, combined
with relatively lean mixtures, can solve this problem. However, this strategy failed to provide any benefits for high-
load operation, mainly due to the limitations of the stock turbocharger. The most reasonable A/EGR tradeoff realized
at 100% load is 1.6 and 20% respectively. Although giving small benefits in combustion efficiency, this strategy
suffers from lower indicated efficiency and increased pumping losses.

The study confirmed the ability of an RCCI large-bore platform to run at much leaner mixtures compared to
LBDF without hitting the misfire limit. This allows a higher compression ratio without risk of knocking. It is shown
that the optimized mid-speed RCCI engine, with a compression rate of 15.2, can deliver gross indicated efficiencies
in the range of 52% while preserving the advantages of high blend rate (over 90%) and achieving NO,, CH4 and CO
emissions below the rigorous Stage V level.

The above intermediate conclusions allow the authors to answer the main research question of the study by stating
that natural gas—diesel RCCI combustion is a feasible, short-term alternative for clean and efficient maritime
propulsion. According to simulation results, as a first-stage improvement, RCCI can be implemented as a mode-
switching solution on existing mid-speed engine platforms without any hardware changes.

NOMENCLATURE
m Mass Flow Rate
n Efficiency: I — Indicated (Gross Or Net), Comb —
Combustion
A Air-Fuel Equivalence Ratio
aTDC/bTDC  After / Before Top Dead Center
BR Blend Rate
CA Crank Angle
CAXX Crank Angle at XX% Heat Released [CA]
CDF Conventional Dual Fuel
CH, Methane
CHR Cumulative Heat Release
CI Compression Ignition
CO Carbon Monoxide
CcO, Carbon Dioxide
CR Compression Ratio
Ct Turbulent Mixing Coefficient
DF Dual-Fuel
DICI Direct Injection Compression Ignition
ECA Emission Control Area
EGR Exhaust Gas Recirculation
EVO Exhaust Valve Opening
GD Gasoline-Diesel
HCCI Homogenous Charge Compression Ignition
HFO Heavy Fuel Oil
HRR Heat Release Rate
IMEP Indicated Mean Effective Pressure
IMO International Maritime Organization
LB Lean Burn
LBDF Lean Burn Dual Fuel

IvC Intake Valve Closing



LNG Liquefied Natural Gas

MGO Marine Gas Oil

MPDF Micro-Pilot Ignited Dual Fuel

NG Natural Gas

NMHC Non Methane Hydrocarbons

NO, Nitrous Oxides

NVO Negative Valve Overlap

OEM Original Equipment Manufacturer

PFI Port Fuel Injection

PCCI Premixed Charge Compression Ignition

PM Particulate Matter

Pmax Peak In-cylinder Pressure

RCCI Reactivity Controlled Compression Ignition

SCR Selective Catalytic Reduction

SI Spark Ignition

SO1 Start of Injection

SO, Sulphur Oxides

THC Total Hydrocarbons

Tive In-cylinder Charge Temperature at IVC

VCR Variable Compression Ratio

Visp Displacement Volume

VTG Variable Turbine Geometry

VVA Variable Valve Actuation
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APPENDIX A - GOVERNING EQUATIONS OF THE XCCI MODEL

This appendix discusses the governing equations of the XCCI multi-zone model. The underlying assumptions
for the specific sub-models are explained in section 2.2. Note that the equations were already presented, among others
in [41]. This description adopts the same nomenclature for consistency and slightly extends the description to highlight
the specific modifications introduced during the development process. The model is based on the first law of
thermodynamics, which for a multi-zone approach can be written as follows:

WA d
mzc\' ﬂ = _z ei m uurh (T )
dt = dr (AD)

+0. +0°, +Zm|” . Zmﬂ,, ), ze[LN,]

Here subscripts z and i denote the zone and species number respectively. The annotation ¢, is the specific heat capacity
at constant volume. N denotes the number of species and zones respectively. The variables m, p and T with the

in

in

subscript z refer to the total mass, pressure, and temperature of the charge in the given zone, while m, ;, e; and h; are
the mass, internal energy, and enthalpy of the individual species (i) respectively. The third and fourth terms on the

in/out

right-hand side define the enthalpy change caused by the mass flow (17 °*") through the cylinder boundaries. Here
the flow through the engine valves and fuel injection process are explicitly considered with indexes in and out referring
to ingoing and outgoing flow respectively. For the first process, flow rates are computed using standard formulas for
the compressible fluid flow through a restriction, with consideration of choke [47]. The applied gas flow model
accommodates the backflow phenomena and the accumulation of backflow in the intake runner. The fuel injection
driven mass change is represented as a Gaussian profile normalized to the total fuel value within the designated
injection timings. No spray penetration model is applied and the fuel is introduced to individual zones basing on a
predefined fuel distribution factor - considered as a calibration parameter. The present study assumes a case dependent
fuel distribution - basing on experimentally driven correlation on engine speed, injection timings and BR [42].

The term Q, describes the heat transfer rate due to heat loss and evaporative cooling during fuel injection.

. . . . D .
This is already discussed in section 2.2. Q1 represents the heat transfer between the zones. This is modeled as:

AT AT
P = A ,ICA(ARJ ) +4.,. CA(ARJH.’ ze[l,N,], (A2)

where A, .- is the zone boundary area between the neighboring zones z and z’ and 4R denotes the distance between the
respective centerlines (see Figure 4).Here, 4 is the laminar conduction coefficient and C; is the turbulent diffusivity
factor, constant in time and arbitrary the same for all zones. C, is considered a calibration parameter for the model and
is made case-dependent with a polynomial fit bounding it to engine speed, intake pressure, and diesel injection
parameters [42].

Finally, the two terms closing Eq. Al, describe the enthalpy change due to inter-zonal mixing. This is
assumed diffusion-based similarly to Eq. (A2):

Am? =m?  +m?,
A3
—4_C2 [Mj +d, C2 (Mj . ze[LN.] and ie[L,N,] (A9
c,Le \ AR J, | c,le\ AR ) ,,,

where according to the Fick’s Law, the ¢, is the specific heat at constant pressure, while Le; and Y; are the Lewis
number and the mass fractions of species i, respectively.

Note, that the total change in the mass of individual species takes in to account the chemical reactions, the
fuel, intake and exhaust zonal flow, and the inter-zonal mixing:



dmz N
dt

where the reaction kinetic driven net source term of species is defined as:

— - in/out - D
=,V +m ;" +Am

z,02

ze[LN,] and ie[l,N,], (A4)
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Here, M; is the molar mass of individual species and N, is the total number of reactions considered in the kinetic
schema. If the reaction j is considered reversible, its net reaction rate can be written as:

' .
Vij Vi

N, N
T pY, e pY, )
r.—kH —t —k‘H —t je[l,N,]
, ? N A

! ! i=1 M,‘ ! i=1 M,‘ ( 6)
with k; is the reaction rate coefficient, p the density, and where subscripts f'and » mark the forward and reverse reaction,
respectively. The reaction rate coefficient is defined by the well-known Arrhenius expression:

k,=aT" exp =) je[lLN.],

' ' RT
where E, refers to the activation energy and R, to the universal gas constant. The parameters « and f are reaction rate
constants.

Note that the coupling of the zonal temperature and composition to the in cylinder-pressure (assumed
equalized across all zones) is governed by the equation of state. The zones may, therefore, expand or shrink (i.e. the
volume of each zone changes) depending on the local conditions, but are constrained by the total in cylinder volume
at the given crank angle. The instantaneous volume is calculated based on a standard relation to cylinder geometry,
with consideration of the piston eccentricity [47].



APPENDIX B- XCCI MODEL FUNCTIONALITY CHECK ON LARGE-BORE GEOMETRY

This section discusses the scalability of the XCCI model from engine B to engine A (Table 2). From the
portfolio of the tuned RCCI operating points (Fig. 6) a case similar to the available operating data of the considered
large-bore engine is selected. The comparison of both operating points is provided in Table A1 (case 1 and 2). Case 2
in Table A1 corresponds to point 4 in Fig. 6.

Table Al: Parameters of LBDF and RCCI cases used to test XCCI model functionality on large-bore engine platform.

Engine / N BMEP EGR A BR SOI Tive
mode
rpm bar % - % CA K
Engine A
1 LBDF 720 20 - A from base case
Engine B
- S - - +
2 RCCI 1002 9.8 base 15 14 35
Engine A
2 18. - -1 -14 +
3 RCCT 720 8.5 base 5 35

Disregarding the engine platform and loading, both operating points (case 1 and 2) have the same global
mixture strength, yet efficient RCCI combustion is achieved at significantly lower BR and elevated Tyyc compared
with LBDF. This is consistent with earlier research on NG-diesel RCCI pointing to the need to raise intake
temperatures to boost combustion efficiency [30]. For the non-EGR case discussed here, it can be done by providing
a bypass on the intercooler or reducing its efficiency. In addition, BR values of 80 — 90 % are indicated as most suitable
for RCCI combustion (Table 1). Very early injection (Table A1l for the case 2) and the associated elongated diesel
mixing period are characteristic of RCCI.

Since the XCCI model is solely suitable for simulating combustion regimes predominantly controlled by
chemical kinetics, an initial attempt to realize case 1 failed to show hardly any combustion. Thus, based on the air-
path and geometry prerequisites of case 1, (Table A1) case 3 is composed by adopting RCCI-favouring conditions of
case 2 (BR, SOI, manifold temperature). The cumulative fuel energy input is scaled up to match load requirements of
case 1.The results of running case 3 on the XCCI model with MAN geometry with respect to experimental data from
the LBDF engine (case 1) are shown in Fig. A2. For comparison, the results of the case 2 simulation (geometry of
engine B) with respect to TNO’s heavy-duty RCCI engine measurements are shown in Fig. Al.
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Fig. Al: Results (in-cylinder pressure and heat release) of simulating RCCI on the TNO platform (case 2) vs the corresponding
reference experimental data. Error bars represent mean cycle-to-cycle variations. The values are scaled to the adopted P, and
peak HRR limits.
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Fig. A2: Results (in-cylinder pressure and heat release) of simulating RCCI on the large-bore engine platform (case 3) vs the
corresponding LBDF reference experimental data for this engine (case 1). Error bars represent mean cycle-to-cycle variations.
The values are scaled to the adopted P, and peak HRR limits.

Figure A1 shows that the XCCI model reproduces RCCl-case in-cylinder pressure with an accuracy level close
to the cycle-to-cycle variations. The extent to which this translates to the ability to reproduce engine parameters and
emissions is shown in Fig. 6, where case 4 corresponds to the results presented in Fig. Al. Note that crank angle at
50% heat released (CA50), Py and IMEP are well within cylinder-to-cylinder variations.

Figure A2 shows that RCCI combustion (simulated - case 3) has fundamentally different characteristics than
LBDF combustion (experimental - case 1). LBDF heat release rises slowly from the start of combustion at around -10
CA to reach a maximum at around 10 CA aTDC. RCCI heat release is notably faster and rises quickly after start of
combustion. The “spiky” characteristic of the simulated heat release is due to the model’s zonal nature. Also note the
rather large levels of cycle-to-cycle variations in the LBDF combustion. This is reported to be common for micro-
pilot pilot ignited, lean-burn gas engines [12, 13].

Case 2 in Fig. Al simulates TNO’s RCCI heavy-duty truck engine. It shows similar combustion characteristics
to case 3, simulating a large-bore engine (Fig. A2). The major difference is that combustion is significantly faster for
smaller engine, yet the large-bore engine shows higher peak heat release rate (HRR) values. The first observation is
explainable by lower engine-speed and thus lower turbulence levels for the large-bore unit. Turbulence has proven to
have an accelerating effect on RCCI HRR [30, 31]. The second phenomenon is simply caused by higher amount of
energy/per cylinder-volume being released for case 3 (the IMEP is almost double of that of case 2). The higher load
is also responsible for slightly earlier start of combustion with the large-bore engine.

This fundamental consistency in the simulation results between case 2 (TNO’s heavy-duty truck engine geometry,
for which the model was originally tuned) and case 3 (large-bore engine) support the conclusion that the XCCI model
is scalable and thus valid for the scope of the present research. Furthermore, the above conclusion is reinforced by
proper parameter sensitivity. The influence of individual parameters on large-bore RCCI combustion, from the
efficiency and emissions point of view, is discussed in detail in Appendix D.



APPENDIX C - THE RESULTS OF CLUSTER SIMULATIONS FOR FULL LOAD AND NEAR-IDLE
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Fig. A3: Efficiency, peak pressure and NO, emissions for the 100% load / no-EGR case mapped on the optimization parameters
matrix. The left and right plots show the maps with respect to the air-path and fuel-path variables respectively.
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Fig. A4: Efficiency, peak pressure and NO, emissions for the 25% load / no-EGR case mapped on the optimization parameters
matrix. The left and right plots show the maps with respect to the air-path and fuel-path variables respectively.



APPENDIX D — RCCI OPERATIONAL PARAMETERS SENSITIVITY

This subsection aims to provide additional understanding on how individual operating parameters impact RCCI
combustion efficiency and emissions. All results are based on the optimized 75% load, lean RCCI case (Table 5) and
represent individual parameter sweeps around this baseline.

IV C temperature

Figure A5 presents the effect of changing the Tjyc on RCCI combustion (black circles). Red crosses mark
the baseline, optimized point. Tyyc has a significant effect on combustion phasing, efficiency and emissions. With
other engine parameters unchanged, lowering Tryc by just 10 K from the optimized value reduces combustion
efficiency by 8 percentage points. In this case, that reduction in combustion efficiency translates to THC emissions of
over 8g/kWh, associated mainly to unburned CH4. The consequent drop in indicated efficiency is additionally
worsened by the CA5S0 moving away from TDC. The trend in CA10 (Fig. AS5) shows how the start of combustion is
affected strongly by Tiyc. Peak pressure reduces with lower Ty due to incomplete and retarded combustion.
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Fig. A5: Effect of Tyyc on a 75%-load case, RCCI combustion. NO, emissions are scaled such that the baseline optimized point =
1.

The mixture could not ignite at all temperatures below 340 K so points below this value are not shown in
Fig. AS. This figure also shows that the discussed 75%-load RCCI case had optimized at the highest explored Tyyc of
371 K. The GT-Power simulations confirmed that higher temperatures are attainable at this operating point, by further
reducing intercooler efficiency (limit at 398 K). However, analyzing Fig. A5’s trends in combustion efficiency and
NO emissions suggests that further attempts to increase Tjyc would result in exceeding the Tier III emission limits
without providing additional THC/CO reduction. NO, emissions increase exponentially with intake temperature. This
conclusion is also supported by the results from the 100%-load case. Here, the optimized point is reached at the same
Trvc value of 371 K, while the imposed exploration range in this parameter was set at 381 K.

Mixture strength



Figure A6 reveals the influence of mixture strength (1) on RCCI combustion. One can observe that higher A
supports achievement of high indicated efficiencies. This results directly from higher ratios of specific heats for lean
mixtures, which directly influences thermodynamic efficiency [47]. Note that while indicated efficiency is increasing,
combustion efficiency is slightly decreasing. The change in combustion efficiency also changes the balance of the
trade-off NO, and THC/CO emissions. Figure A6 shows NO, increasing dramatically towards stoichiometric mixture.
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Fig. A6: Influence of mixture strength (1) on RCCI combustion. NO, emissions are scaled such that the baseline optimized point =
1.

Note that at a given operating point, A has no major effect on start of combustion, yet the combustion duration is
elongated to some extent. This is evident from the difference between CA10 and CAS50 in Fig. A6. This inhibits
attainment of higher indicated efficiencies and explains the drop in combustion efficiency: combustion tends to quench
due to temperature decrease at expansion. The indicated efficiency trend line peaks with A around 2.6: further leaning
of the mixture means that losses from incomplete combustion and prolonged combustion start to overcome the benefits
of higher specific heats.

Importantly, Fig. A6 shows that peak pressure generally increases with higher A, which may pose additional
limits while operating at higher loads. This is associated mainly with higher boost pressures and consequential higher

IVC trapped masses.

Blend Rate
The Blend Rate definition used here is introduced Eq. 1. Lower values of this parameter indicate more diesel

being injected with the same total fuel energy. Figure A7 shows the BR sweep around the optimized 75% load case
with no EGR. Note that for the given condition, the sweep was performed for BR up to 95%, but the mixture failed to
ignite at points beyond 88%. These points are omitted in Fig. A7 to avoid over-extending the y-axis.
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Fig. A7: BR sweep around the optimized 75% load case with no EGR. NO, emissions are scaled such that the baseline optimized
point = 1.

Figure A7 illustrates how BR affects the combustion phasing to a large extent. CA10 can be influenced by as much
as 14 CA with relatively small increase in BR from 73% to 88%. Generally, lowering BR gives an earlier start of
combustion. At the same time, NO, emission increases significantly because larger amounts of diesel fuel injected
directly into the cylinder introduce locally richer mixtures. The resultant reactivity stratification reduces ignition delay
and causes local combustion temperatures to peak, further elevating NO, emissions. Note that the CA10 retards with
increased BR only to a certain extent and reaches saturation around 345 CA. At this point, the mixture becomes locally
too rich and the oxygen entrainment rate starts to limit the start of combustion.

The combustion efficiency remains high for BR from 70% to 85%. It is actually slightly lower for lower BR
due to unburned diesel particles and CO forming in areas with limited oxygen availability. Combustion efficiency
collapses rapidly if the BR is above 85%, indicating existence of a rigorous misfire limit at the given IVC conditions.
This is caused by late ignition and slow combustion, which quenches due to the temperature drop in the expansion
phase. Note that the best efficiency, together with low emission footprint, is always acheved at the highest BR
commensurate with correct combustion phasing and associated misfire limit.

In-cylinder turbulence

In the XCCI model the turbulence level is reflected in a form of turbulent mixing coefficient (Ct). This was
tuned and correlated with engine load (boost pressure) for the base engine B in [42]. This correlation is directly
transferred to this study’s model of the large-bore engine. However, the large-bore engine can utilize turbulence to a
different extent, so here we study how changing the Ct parameter affects the baseline, optimized RCCI point
performance. Figure A8 presents the simulation results of changing the Ct on the performance of the large-bore engine.
This is discussed in terms of combustion indicators (CA50, P,.), efficiency and emissions. The baseline point is
indicated in light blue.
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Fig. A8: Simulated effect of wide-range change in the turbulent mixing coefficient, on the performance of the research engine. NO,
and CO emissions are scaled such that baseline point = 1.

Figure A8 shows that the model anticipates the correct fundamental trends associated with turbulence influence. CA50
shifts towards TDC with increased Ct, indicating faster combustion. Indicated efficiency also rises with increased Ct.
Fuel oxidation is also more complete, shown by the rising combustion efficiency plot. Note however, that the potential
gain in combustion efficiency is relatively small. The gain is less than 0.1 percentage point, despite increasing the Ct
from the baseline value of 1500 to 2500, which is considered the upper limit of attainable turbulence. This insensitivity
stems mainly from the fact that the baseline is already optimized, in terms of operating conditions, for high combustion
efficiency. Note that combustion efficiency reaches saturation at around 99%.

The absolute shift in CA50 produced by high Ct is also rather small: around 0.8 CA higher than at baseline
Ct. This, together with the combustion efficiency improvement, translates to the possibility that increased turbulence
would generate an overall gross indicated efficiency increase of around 0.2 percentage points at the given 75%-load
point. It is worth mentioning that larger efficiency gains from better in-cylinder mixing can be expected for RCCI at
low engine-loads. This regime typically encounters issues with combustion efficiency due to low baseline turbulence
from low boost pressures [31] and insufficient manifold temperatures [40]. However, high turbulence does present a
challenge for high-load RCCI operation because it increases peak pressure, as seen in Fig. AS.

Despite the above limitations, increasing in-cylinder turbulence is one of the few strategies immune to the
THC/NOy trade-off. Figure A8 shows how both NO, and CO emissions decline as Ct increases. Both trends can be
easily explained by increased fuel dilution in the pre-combustion (mixture preparation) phase. More extensive mixing
produces locally leaner mixtures, leading to lower combustion temperatures and hence less NO,. CO emissions are
reduced mainly due to higher oxygen entrainment rates.
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Feasibility of RCCI for mid-speed gas engines is assessed for the first time
Simulations optimize efficiency within hardware and emissions constraints
CHA4 slip is below 1 g/kWh with baseline efficiency using stock hardware
Hardware-optimized RCCI can deliver superior indicated efficiency of 52%
52% efficiency attainable while meeting tough EU-Stage V emission limits



